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Abstract
Most downsized gasoline engines currently in the market place appear to have a ‘downsizing
factor’ of approximately 30% to 40%. However, as concerns regarding fuel efficiency and
emission legislations increase, more aggressive downsizing may have to be introduced. This,
although can improve fuel efficiency and enhance power density of a gasoline engine further,
has some challenges that must be addressed.

Large backpressure is one of the most important aspects that needs to be improved for a
highly downsized gasoline engine, especially if a Regulated 2-stage system is considered. The
Divided Exhaust Period (DEP) concept is an alternative gas exchange process, where two
exhaust valves from each cylinder separately function, with one valve leading the blow-down
pulse into the turbocharger turbine, while the remainder of the exhaust mass flow bypasses
the turbine through the other valve. The simulation results suggest that by adopting the DEP
concept, the full-load Brake Specific Fuel Consumption (BSFC) and the stability of the engine
were all improved due to the fact that the DEP concept features a better gas exchange
process and improved combustion phasing. The part-load BSFC could also be reduced by
using the scavenging valve to extend the ‘duration’ of the exhaust valve (thus reducing the
re-compression effect) and to achieve internal exhaust gas recirculation (EGR) through
reverse flow. However, this depends on the authorities of the scavenging valve timing (and
piston clearance) and the combustion stability (EGR tolerance).

Driveability issue and poor fuel efficiency in some engine operating regions of a conventional
fixed-ratio positive-displacement supercharging system also need to be mitigated. A
continuously variable transmission (CVT) driven supercharging solution, with the capability
to decouple the supercharger speed from the engine speed, has the potential to provide the
full-load BSFC improvement and to enhance the driveability performance, with a minor
penalty in part-load BSFC. Both the simulation and experimental results have demonstrated
its advantages over its fixed-ratio positive-displacement counterpart. The high-load fuel
consumption can be improved by as much as 17.5%, and the time-to-torque performance
can be improved by up to 37%. The low-load BSFC was only degraded by up to 2%, however,
given that there was no clutch fitted for the CVT driven supercharging system, a better
transient performance is anticipated.
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Chapter 1 - Introduction

Downsizing and down-speeding via turbocharging and supercharging are the primary
approaches currently available to improve fuel efficiency and transient performance for a
passenger car’s internal combustion engine. This thesis will investigate the potential benefits
of two innovative concepts for turbocharging and supercharging, in order to satisfy fuel
efficiency expectation and emission regulations in the near future.

DEP, which combines the characteristics of a turbocharged engine and the scavenging process
of a more normal, naturally aspirated (NA) engine, could enhance the competitive advantages
already achieved by turbocharging while simultaneously mitigating the inherent deficiencies.
The variable-drive supercharging concept has the potential to enable a further downsizing
and down-speeding, thus making a gasoline engine more fuel efficient and more responsive
in transient.

This chapter will firstly lay out the background for this project, and will then present the aims
and principle objectives. A description of each chapter in this thesis will follow.
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1.1. Background
Engine downsizing is the use of a smaller engine with a turbocharger or a supercharger to
supply a similar power output as that of a larger one [1]. A boosted downsized spark ignition
(SI) engine benefits from reduced pumping losses at part load, improved gas heat transfer,
and better friction condition, thereby making it more fuel-efficient than a NA counterpart.
The reduced engine package volume, enabled by a smaller engine size and, hence, reduced
vehicle mass, also contributes to the improved fuel efficiency in typical driving cycles [2].
Compared to supercharging, turbocharging is more often combined with downsizing, by
passenger car manufacturers, to achieve superior thermal efficiency.

Turbocharging - a means of recovering energy from exhaust gases through a turbine, which
in turn drives a compressor to increase intake air density - is one of the key technologies to
have crucially influenced the development of the internal combustion engine in the last few
decades [3]. Initially, turbochargers were mainly utilised in large diesel engines. Gasoline
turbocharged engines were developed much later, due to their inherent characteristics (such
as knock sensitivity and higher turbine inlet temperature) [4]. However, as concerns
regarding fuel efficiency and emission legislations increase, SI turbocharged engines are now
expected to play a more important role in reducing the fleet CO2 emissions [5]. Implementing
a range of different turbochargers to the same engine family also allows manufacturers to
tune engines in order to achieve different torque and power outputs. An example of this
flexibility is Volvo’s new modular engine platform, in which four different SI engines with the
same geometry are divided into separate power/torque configurations by means of different
turbocharger systems [6].

However, even though the turbocharging and downsizing combination has been proven to
be a potential trend for SI engines over the next decade, there are still some further
challenges that must be addressed. An important aspect of these is the need to optimise the
gas exchange process to further improve an SI engine’s performance. The need for the
refinement of the current gas exchange technologies is clear. But, more importantly,
innovative approaches are being required to meet the more stringent emission regulations,
and to satisfy the increased fuel efficiency expectation, whilst still maintaining a similar
engine performance.
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In addition, although turbocharged engines are generally more fuel-efficient, as they utilise
a proportion of otherwise-wasted exhaust gas energy, most turbocharged engines are not
‘fun’ enough due to the perceptible time needed for the turbocharging system to generate
the required boost (so-called ‘turbo-lag’). Supercharged engines, on the other hand, do not
suffer from this problem, because the compressor of a supercharged engine is directly driven
by the engine crankshaft; however, they are not as efficient as their turbocharged
counterparts, and increase engine friction directly.

Although most of the downsized passenger car gasoline engines in production are
turbocharged and the driving performance of turbocharged vehicles is greatly improved by
the development of the turbocharger system itself (e.g. reduction of turbocharger inertia)
and proper charging system matching, with the requirement of further downsizing to achieve
further fuel efficiency [7] to satisfy ever-more strict fuel consumption regulations,
supercharging technology may have to be introduced to increase the low-end torque and
improve the transient performance when needed.

It might be worth noting that supercharging a gasoline engine can also address some other
inherent issues of turbocharged gasoline engines, among which the elimination of pulsation
interference and the capability to reduce the high exhaust back pressure are the two major
aspects. Improvement of the turbocharging system itself, such as modifying a conventional
turbine to a twin-entry one [8-9] to facilitate scavenging and improve the low-end torque
particularly in four cylinder groups [10] and/or employing a Variable Geometry Turbocharger
(VGT) to achieve optimum efficiency in a wider range of speeds and loads whilst improving
the transient performance [11-12] and/or adopting DEP [13-24] or the so-called turbodischarging concept [25-27] to reduce the backpressure to further improve a turbocharged
gasoline engine’s performance, can achieve some benefits but not as significantly when
compared to a supercharged counterpart.

Mechanically supercharging a gasoline engine was commonplace in aero-engines [28-29], but
the development of this technology for a passenger car has only appeared in recent years.
This is especially the case for a compound-charging arrangement, in which two or more
charging devices are used to provide more system capability [30-33]. Considering the strong
possibility that the supercharging technology will be applied to more gasoline engines in the
near future, to facilitate further downsizing and more aggressive down-speeding, either in a
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Supercharger-Turbocharger or Turbocharger-Supercharger arrangement, a study of the
current and concept approaches to achieving supercharging is necessary.

After reviewing the novel turbocharging and supercharging approaches that have the
potential to improve fuel efficiency and transient performance of a downsized gasoline
engine, it seems that the DEP concept that is able to reduce the backpressure significantly,
and the variable-drive supercharging system that targets both fuel economy and transient
performance are possible alternative solutions for boosting a downsized gasoline engine that
may emerge in the near future.

1.2. Aim and objectives
The principle aim of this project is to demonstrate the potential benefits of the application
of the DEP and variable-drive supercharging concept to downsized gasoline engines. A
systematic approach will be utilised to compare the performance of a boosted engine system
adopting the DEP and the variable-drive supercharging concept with the conventional
configuration, both in simulation and experimentally.

In order to understand the process of gas exchange in a downsized turbocharged and
supercharged gasoline engine, some advanced simulation techniques and testing
experiences will be developed and gained. In addition, a transient control module for a twincharged gasoline engine system will be built during this project, to assist the engine system
to achieve the maximum potential both in steady state and in transient.

Looking at the aim of this project, the following objectives were laid out:


Review the novel approaches to improve the gas exchange process of downsized
turbocharged gasoline engines;



Review the current methods and potential trends for mechanically supercharging a
downsized passenger car engine;



Develop the simulation techniques, including the build and calibration of a 1dimensional (1-D) engine model, engine control construction, and in-vehicle
simulation analysis;



Model the conventional DEP concept to understand the benefits of dividing the blowdown and displacement phases in the exhaust process;
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Apply the DEP concept to a two-stage system to try to enhance the advantages which
two-stage turbocharged engines have already obtained while offsetting the
deficiencies inevitably inherited;



Model the variable drive positive-displacement supercharging system in a compound
charging system;



Simulate and test the variable-drive centrifugal supercharging system in a compound
charging system.

1.3. Scope of thesis
Chapter 2 to Chapter 8 present the work according to each of the project objectives,
respectively. The conclusions are summarised in Chapter 9. Here is an overview of the
contents of these chapters:

Chapter 2 will first review knowledge on the current state-of-the-art turbocharging
technologies that are in production, as opposed to approaches that are currently only being
investigated at a research level. More novel methods of the gas exchange process are then
introduced, in order to identify the improved synergies between the engine and the boosting
machine. Finally, the major findings to improve the gas exchange process that emerge from
this review will be presented.

Chapter 3 will first review the fundamentals and types of supercharger that are currently or
have previously been used in passenger car engines. Next, the relationships between the
downsizing, the driveability and the down-speeding are introduced, in order to identify the
improved synergies between the engine and the boosting machine. Then, mass production
and prototype downsized supercharged passenger car engines are briefly described,
followed by a detailed review of the current state-of-the-art supercharging technologies that
are in production as opposed to the approaches that are currently only being investigated at
a research level. Finally, the trends for mechanically supercharging a passenger car engine
are discussed, with the aim of identifying potential development directions for the future.

Chapter 4 will describe a modelling and calibration theory foundation for the study that will
take place over the following chapters. It mainly includes three sub-sections: engine model
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introduction and calibration; engine control theory and tuning; and in-vehicle modelling.
Each of these has been put into practice by demonstrating a case study.

Chapter 5 will investigate the DEP concept in simulation, using a validated highly downsized
2.0 Litre SI engine model, compared with a conventional single-stage turbocharging system.

Chapter 6 will, for the first time, apply the DEP concept to a two-stage downsized SI engine
and study its potential benefits on an engine’s full- and part-load fuel consumption.

Chapter 7 will present the simulation results using the turbo-expansion concept at both high
and low load. In this chapter, a positive displacement supercharger will act as a turbine in a
compound charging system by utilising a variable drive system.

Chapter 8 will simulate and test the variable-drive centrifugal supercharging concept in a
compound charging system and compare its performance with a fixed-ratio positive
displacement counterpart.
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Chapter 2 – Review of novel approaches to
improve the gas exchange process of
downsized

turbocharged

spark-ignition

engines

This chapter will first briefly review knowledge of the current state of the art technologies
that are in production as opposed to approaches that are currently only being investigated at
a research level. Next, more novel methods of the gas exchange process are introduced to
identify the improved synergies between the engine and the boosting machine. The major
findings to improve the gas exchange process that emerge from this review comprise four
aspects (depending on the location where the novel technologies are implemented) which are
as follows: charge air pressurization/de-pressurization improvement, combustion efficiency
enhancement within the chamber, valve event–associated development and exhaust system
optimization. Although the interaction between these technologies on different aspects of the
gas exchange process was found to be highly complex, the optimization or the combination
of these technologies is anticipated to further improve a downsized turbocharged sparkignition engine’s performance.

The comparison, discussion and conclusion in this chapter have been published in the form of
a review article in the Institute of Mechanical Engineers International Journal of Engine
Research.
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2.1. Introduction
Engine downsizing, which is the use of a smaller engine that provides the power of a larger
engine, is now considered a mega-trend for the internal combustion engine market. It is
usually achieved using one or more boosting devices including a supercharger or a
turbocharger. Although supercharging is beneficial for engine’s transient response,
turbocharging technology is more widely adopted considering its advantages in fuel
efficiency. Compared to turbocharged compression ignition engines, turbocharged sparkignition engines tend to be more challenging with respect to the gas exchange process mainly
due to their higher pumping loss, the need for throttling and the fact that spark-ignition
engines demand more controllability due to the mitigation of knock, particularly with regard
to minimizing trapped residuals. These challenges encourage the entire gas exchange process
of turbocharged spark-ignition engines to be regarded as a complete air management system
instead of just looking at the boosting system in isolation. In addition, more research
emphasis should be focused on novel approaches to improve the gas exchange process of
downsized turbocharged spark-ignition engines because the refinement of the conventional
technologies cannot provide continuous gains indefinitely and only innovative concept may
improve the engine performance to meet the fuel efficiency target and the more stringent
emission regulation in the future.

In the following, first, some current mass production and highly downsized prototype SI
engines will be briefly introduced, followed which, the chapter will describe the gas exchange
process and its effect on turbocharged SI engine performance. Some current production
technologies will then be categorized for the purpose of understanding the interactions
between boosting systems and gas exchange process. Finally, novel approaches that are
currently only at a research level are discussed, with the aim of identifying potential
developments in the future. Although supercharger technology is also an approach to
achieve downsizing, the focus in this work is on turbochargers and turbocharging, due to the
higher level of interaction with exhaust back pressure and thus the gas exchange process.
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2.2. Mass production and prototype downsized
turbocharged SI engines – a brief overview
Most downsized gasoline engines currently offered in the market place appear to have a
‘downsizing factor’ of approximately 35% to 40% [7]. The downsizing factor (DF) is defined to
as
𝐷𝐹 =

𝑉𝑆𝑤𝑒𝑝𝑡𝑁/𝐴 −𝑉𝑆𝑤𝑒𝑝𝑡𝐷𝑜𝑤𝑛𝑠𝑖𝑧𝑒𝑑
𝑉𝑆𝑤𝑒𝑝𝑡𝑁/𝐴

2.1

N/A: naturally aspirated
* Generally the naturally aspirated and the downsized engines mentioned above have a
similar torque and power performance.

However, the DF of some prototype highly downsized gasoline engines can reach to 50% 60% or even higher with some new technologies currently in development. These new
technologies, according to McAllister and Buckley [34] will bring more fuel consumption
benefit. Figure 2.1 shows their investigation of the potential for downsizing based on some
validation data from earlier work.

Mass production downsized turbocharged SI engine
In 2005, the Volkswagen 1.4 twincharger fuel Stratified Injection (TSI) was introduced to
replace the 1.6 and 2.0 NA engines. The engine is equipped with both a turbocharger and
supercharger, the performance of which has been shown to achieve a higher specific power
while still benefiting from some fuel economy improvement [35]. More recent examples of
production downsized engines include the Ford 1.0 litre Ecoboost engine and PSA 1.2 litre
gasoline direct injection (GDI) engine, both equipped with only 3 cylinders [36-37]. These
engines are both able to achieve significantly better fuel economy as well as fulfil the most
stringent emission regulations. As only three-cylinder are used, the engines need to address
some significant noise, vibration and harshness (NVH) challenges. However, the threecylinder engines can benefit from some other performance attributes such as reduced
friction, reduced heat transfer area and less exhaust pulse interference, resulting in improved
turbocharger performance, which will be detailed later.
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Downsized turbocharged SI engine only at the research stage
Mahle Powertrain developed a technology demonstrator with a 50% DF to showcase some
of the technologies they have been developing. The 1.2 litre 3-cylinder two-stage
turbocharged SI engine system, compared to its conventional 2.4 litre 4-cylinder NA
counterpart, exhibited up to 30% on-road fuel consumption improvement with the Brake
Mean Effective Pressure (BMEP) attainable above 30 bar [38]. A more extremely downsized
technology demonstrator with a 60% DF termed ‘Ultraboost’ brought a 2.0 litre four cylinder
gasoline downsized engine capable of up to 35 bar BMEP, air pressure charging of up to 3.5
bar absolute and offering over 35% potential for the reduction of fuel consumption and CO2
emissions over the New European Drive Cycle (NEDC) while still matching JLR’s 5.0 Litre V8
NA engine performance figures [7]. Table 1 presents more examples of mass production and
prototype downsized turbocharged engines listed by Tang et al. [11]
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Table 2.1. Typical downsized and turbocharged gasoline engines [11]

Ultraboost (target)
Specific power
(kW/L)

142 (6500 r/min)

Peak BMEP (bar)

MAHLE downsized
two-stage (target)

Ricardo HyBoost
105
(5500 r/min)

32 (3500 r/min)

120
(6500 r/min)
30
(2500–3000 r/min)

Displacement (L)

2.0

1.2

1.0

Combustion
system

DI + PI dual VVT +
two-stage variable
valve lift

DI dual VVT

DI dual VVT

Boosting system

Two-stage
supercharger + FGT

Two-stage
FGT + FGT

BMEP at
1000 r/min (bar)

25

16

Two-stage electric
supercharger + FGT
23 (with electric
supercharger
assisted)

Transient
response
Minimum BSFC
(g/kWh)
BSFC at low load
(g/kWh)
Type
Turbine inlet
temperature limit
(°C)
Water-cooled
exhaust manifold
Fuel enrichment
External EGR

At 1250 r/min,
Better than JLR
from
3.0 L twin-turbo V6 2
bar BMEP to WOT,
2 bar intake
diesel
manifold
pressure
achieved within 2.5 s
–
235
295 (2000 r/min 4
–
bar
BMEP)
Prototype
Prototype

29 (2500 r/min)

Porsche 911 Turbo S
engine

Honda Acura RDX
2.3 L engine

MAHLE downsized
single-stage

78
(6000 r/min)
19
(4500 r/min)

75
(6000 r/min)
22
(2500–3000
r/min)
1.2

Ford 1.0 L EcoBoost

Volkswagen 1.4TSI

103
(6250–6750 r/min)
23
(2100–4500 r/min)

92

90

21
(1300–4500 r/min)

22
(1750–4500 r/min)

3.8
Multiple DI (up to
three
injections
percycle)
VVT + two-stage intake
valve lift

1.0

1.4

DI dual VVT

DI dual VVT

Two VGTs in parallel

Single-stage FGT

Two-stage
supercharger + FGT

Single-stage VGT

Single-stage VGT

21 (1950 r/min)

21 (1300 r/min)

16

10

10

–

At 1250 r/min, from
2 bar BMEP to WOT,
2 bar intake
manifoldachieved
pressure
within 2.5 s

2.3
PI dual VVT + one
intake valve
deactivate for
tumble
improvement

DI dual VVT

–

–

–

–

–

–

–

–

At 2000 r/min, from
low load to WOT,
maximum intake
–
manifold pressure
achieved within 1.0 s
–
235
–
–

Prototype

Production

Production

Production

Production

Prototype

–

1025

–

1000

1050

980

–

850 (Diesel engine
VGT)

Yes

No

–

No

Yes

No

Yes

Yes

No

Yes (Lambda 1 up to No
5000 r/min)
Yes (HP)
Yes

–

Yes (minimum
Lambda 0.95)
No

Yes

–

Yes

No

No

Yes (HP)

Yes

No
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2.3. Gas exchange process metrics and issues on
turbocharged SI engines
The gas exchange process in this work refers to the expulsion of exhaust gases and the
induction of fresh intake charge during the valve-open period of an engine cycle. An
important aspect of the gas exchange process involves pumping work that is calculated by
integrating the cylinder pressure with respect to cylinder volume calculated from bottom
dead centre (BDC) of the exhaust stroke to BDC of the intake stroke [39]. Pumping work can
influence engine performance in several aspects, including the relationship between BMEP,
Net/Gross Indicate Mean Effective Pressure (IMEP) and Friction Mean Effective Pressure
(FMEP) as shown in Equation 2.2 and 2.3.

𝐵𝑀𝐸𝑃 = 𝑁𝑒𝑡 𝐼𝑀𝐸𝑃 − 𝐹𝑀𝐸𝑃
𝑁𝑒𝑡 𝐼𝑀𝐸𝑃 = 𝐺𝑟𝑜𝑠𝑠 𝐼𝑀𝐸𝑃 − 𝑃𝑀𝐸𝑃

2.2
2.3

Since the pumping work required to expel the exhaust gases and draw in the fresh intake
charge during the gas exchange process will affect the useful work that can be delivered by
the engine, a large pumping loss (therefore more negative Pumping Mean Effective Pressure
(PMEP)) can adversely affect the engine’s thermal efficiency. In addition, the combustion
process is significantly influenced by the gas exchange process via trapping hot residuals.
Thus optimizing the gas exchange process is the key to enhancing a downsized turbocharged
SI engine’s fuel economy performance [24].

For turbocharged SI engines, production of a higher backpressure that leads to large pumping
loss can be significant at some operating conditions. This process both subtracts work from
the crankshaft and traps hot residual gas in the cylinder, both of which might result in
increased fuel consumption, through the direct pumping work and retarded combustion
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phasing due to the knock limited spark timing caused by the trapped residuals. In the
following section, some important metrics/issues associated with the gas exchange process
is analysed together with its effect on the turbocharged SI engine performance.

Scavenging behaviour:
Scavenging is the process of pumping exhaust mass out of the cylinder while drawing in fresh
intake charge [40]. This process is essential to smoothly run a NA engine as well as a
turbocharged engine because, if the scavenging is not sufficiently complete, a large amount
of trapped hot residual gas would remain in the cylinder which would detrimentally affect
both the volumetric efficiency and the knock sensitivity. The level of exhaust residuals
trapped in the cylinder has also been proved to have a significant effect on the cycle-by-cycle
variations in the combustion and the emissions of NOx [41].

For turbocharged engines, specifically, the higher backpressure developed by the
turbocharger turbine hinders the scavenging behaviour and leads to relatively higher trapped
residuals [42]. The research by Möller et al. [21] found that a larger residual gas fraction
occurred during the operation at low engine speed full load for a turbocharged SI engine.
More specifically, the residual gas fraction (RGF) increased from approximately 4% at 4000
revolutions per minute (RPM) to approximately 8.3% at 1000RPM. Meanwhile, knock is often
observed at low engine speed (spark timing usually needs to be retarded as a counter
measure). For example, Chadwell et al. [43] stated that at low engine speeds, spark timing
can often be retarded by as much as 30 degrees or more from the optimum condition for a
modern boosted engine. This retarded timing is partly due to the low burning speed resulting
in the propensity to pre-ignite and is partly attributed to the fact that a larger RGF at this
region increases the knock propensity.

Note that the terms for scavenging in different literatures are not always fixed. For clarity, in
this work, the blow-through effect is included in the scavenging behaviour. The blow-through
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effect may be differentiated from the normal scavenging behaviour by allowing fresh charge
to directly flow from the intake valve to the exhaust valve during a valve overlap period. The
scavenging ratio, which is the percentage of intake air flowing into the exhaust port directly,
is often a measure to indicate the blow-through effect. It has been proved that with a higher
rate of scavenging, less residual gases will be remained in the cylinder [41]. However, port
fuel injected (PFI) engines require very careful consideration in designing the valve overlap
because the blow-through effect would flush the fuel/air mixture directly into the exhaust
without a proper combustion. This blow-through, on one hand affects fuel economy and, on
the other hand, increases the hydrocarbon compounds emission level. For a direct injection
engine, however, the blow-through can help increase the low-end torque by shifting the
turbine operating points into a more efficient area, thereby increasing the boost pressure
[10]. This method is often referred to as a scavenging strategy which is widely adopted for
turbocharged engines.

Back-flow:
The flow direction that is opposite to scavenging is usually referred to as back-flow. This
reversed flow often occurs when the exhaust pressure exceeds the in-cylinder pressure or
the intake pressure during the valve overlap period resulting in hotter trapped residuals and
poorer volumetric efficiency. It is suggested that the overlap between the intake and the
exhaust valve should be reduced to avoid such phenomena at some engine operating points
[44]. For example, a valve overlap in SI engines is usually reduced during the part throttle and
idling operation to avoid large back-flow [2].

The effect of each gas exchange process mentioned above for a standard turbocharged
engine is illustrated in Figure 2.2. The upper two curves from the first pane indicate the
scavenging mass flow rate with the second maximum curve strongly influenced by the blowthrough effect and the lower curve from the same pane is significantly affected by back-flow.
It is known that by varying the duration and the timing of the exhaust camshaft, the ratio of
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both effects can be altered and optimised. For example, if the low-end torque and transient
response is to be optimized, a short exhaust camshaft duration and relatively late exhaust
valve opening must to be adopted. These conditions will guarantee the blowdown pulse from
the next cylinder in the firing order to arrive late and reduce the pulse interference period
while still maintaining large blow-though. Large blow-through then would be beneficial for
the efficiency & mass flow of the turbine which leads to higher boost pressure and improved
transient performance.

The scavenging and backflow effects covered above not only apply to turbocharged SI
engines but also apply to NA gasoline engines. In the following, a unique gas exchange issue
termed pulse interference is demonstrated.

Pulse interference is an issue for turbocharged engines with more than three cylinders
without the use of the twin-scroll turbocharger layout. Some authors state that the event
duration of a camshaft is usually approximately 210 degrees which is a common compromise
between the maximum utilization of the power stroke and a minimal charge-cycle work [3].
Considering the inter-cylinder firing interval for 3 and 4 cylinder engine is 240 and 180 crank
angle degree respectively, a 4-cylinder engine will suffer pulse interference, whereas a 3cylinder engine will have sufficient pulse separation. For example, Figure 2.3 shows that the
blowdown pulse of cylinder 3 causes an increase of the pressure in cylinder 1 during the open
period of the exhaust valve. This increase in pressure results in unnecessary pumping losses
and a reduction of the breathing performance of the turbocharged engine. The pulse
interference is often avoided by connecting several cylinders of an engine through a single
branch to a single turbine inlet.

Note that although the definition described above could be used as a measure to indicate
the gas exchange performance of a turbocharged engine, it is not appropriate to regard the
gas exchange process as occurring within a closed system. In the following, an example is
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made to explain the synergistic effect of the gas exchange process and combustion phasing
on the overall engine’s thermal efficiency.

For turbocharged SI engines, the intake charge is pressurized above the ambient to boost the
engine performance, which inevitably introduces a higher intake charge temperature. This
higher temperature affects both the volumetric efficiency and the knock resistance. The
engine performance at high load would be improved with a higher pressure and a lower
temperature of the charge (higher air density). An inter-cooler is a common means to achieve
these conditions; however, the temperature cannot be reduced to ambient or sub-ambient
levels as intercoolers do not have 100% effectiveness. In this case, the performance of the
gas exchange may be compromised for the purpose of enhancing the combustion phasing to
achieve total efficiency improvement. The turbo-expansion concept detailed later is such an
example, which utilizes the exhaust energy to cool the intake charge while compromising
some of the pumping work to achieve a better net efficiency improvement.
Table 2.2. Technology categories for the improvement of gas exchange process
Charge air
pressurization/depressurization
improvement

Combustion efficiency
enhancement within the
chamber

Valve event
associated
development

Inlet Manifold Design

Stratified Charge

VVT

WEDACS
Turbo-expansion

EGR
Cylinder deactivation
HCCI

Exhaust
system
optimization
Twin-scroll
turbine
VGT
WCEM
DEP
Turbodischarging
Mirror
Gas
turbines
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2.4. Strategies for optimizing the gas exchange process
In the following section, a number of technologies will be reviewed with focus on the gas
exchange process. In Table 2.2, four categories are identified including charge air
pressurization/de-pressurization improvement, combustion efficiency enhancement within
the chamber, valve event associated development and exhaust system optimization. This
category system is based on the location at which the technology is implemented. However,
note that some of the technologies are optimized for several locations of the turbocharged
engine and in this case the technology is categorized into the most relevant classification. In
the same category, the knowledge of the current state-of-the-art technologies in production
is discussed first, and then the relatively novel approaches of the gas exchange process that
may be currently at a research level are demonstrated. The major findings that emerge from
reviewing the literature and future potential directions are then finally discussed.

2.4.1 Charge air pressurization/de-pressurization improvement
Intake Manifold Design:
Intake manifold design is crucial for optimizing engine performance. A typical intake
manifold, in its most simplistic form, consists of two main parts: the plenum and the intake
runner. The plenum acts like a resonating chamber which allows the pressure wave to bounce
back and forth in the manifold. If the valve opens at the exact time when the wave of the air
arrives, the added pressure will boost the air into the cylinder producing higher volumetric
efficiency, vice versa [47]. The Chrysler 300SL is one of the first cars to have intake manifold
design in mind. By optimizing the intake geometry, the vehicle managed to produce higher
power at high RPMs instead of higher torque at low RPMs, due to its racing heritage [48]. It
is known that for a fixed-geometry intake manifold, the desired engine performance can only
be achieved at very narrow engine operating range. In this context, variable intake manifold
is introduced for automotive applications. Compared to the similar technology – variable
valve timing, the variable intake manifold concept can provide similar output with a cheaper
cost and less complications. Of course, it is evident that these two technologies can be
combined to enhance both strengths. Honda’s variable valve timing and lift electronic control
system engine is such an example, which is demonstrated to improve the engine thermal
efficiency by 13% equipped with these two technologies [49]. It is suggested, as
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turbocharging is a very prominent trend amongst all manufacturers & can achieve better
performance, VIM will probably be seen less in new cars.

Waste Energy Driven Air Conditioning system (WEDACS)
WEDACS is an engine load control system that provides electrical energy and cooling power
by the energy that is otherwise lost in throttling [50-51]. This technology patented by the
Eindhoven University of Technology replaces the conventional throttle valve with a turbinegenerator combination. Throttling losses are reclaimed by expanding the intake charge
through a turbine coupling with a generator, which lightens the load of the alternator. In
addition, the intake temperature is reduced due to the expansion effect of the turbine, which
can be used to cool the air conditioning fluid. This system was demonstrated to improve the
fuel efficiency by up to 19% in the MVEG-A drive cycle. However, in this layout, even though
the de-throttling concept is achieved, a throttle valve might still be needed because the air
mass flow might be out of range for the turbine at idle. Meanwhile, a bypass throttle is also
a necessary component to enable the engine to operate under high load, without which the
turbine would act like a restricted nozzle to constrain the intake mass flow at high load.

The small operating range of the system was then improved by the same group of authors
attempting to use a variable nozzle turbine to expand the control range of the engine. Two
variable nozzle mechanisms were adopted to adjust the high engine power and the low
engine power. Through the optimization of the VGT mechanism, the system exhibited up to
8% fuel efficiency improvement for typical turbine operating conditions.

Turbo-expansion:
Turbo-expansion, a termed first introduced in the study by Turner et al. [52] is basically
achieved by deliberately over compressing the charge air, intercooling it at the resulting
elevated pressure, and then expanding it via an expander to the desired plenum boost
pressure, thereby ensuring a plenum temperature that can potentially become sub-ambient
at full-load. Several means could be used to achieve similar outcome i.e., reducing the start
of the compression temperature including water injection and introduction of the fuel before
the pressure charging device [53-54]. However, neither of them has the same potential to be
utilized for automotive applications. [52]
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There are two configurations investigated in turbocharged SI engines to achieve turboexpansion. One is from the research by Turner et al., the schematic of which is shown in
Figure 2.4. The other is from the study by Whelan et al., the schematic of which is shown in
Figure 2.5. The latter one, which is also termed the turbo-cooling system (TCS), is slightly
different from the former concept. In the TCS, both an additional compressor and a turbine
are utilized to pressurize and expand the intake charge. By removing the heat with an
intercooler and making the expansion ratio greater than the compression ratio, a subambient temperature could be achieved [55-56]. However, unlike the traditional turboexpansion concept, the turbo-cooling system does not reclaim energy to the crankshaft but
lead to lower pumping loss. In the following, the traditional turbo-expansion concept will be
reviewed, followed by a brief discussion of the turbo-cooling system.

There are two potential types of expander that may be used in the traditional turboexpansion concept: aerodynamic-expansion and positive-displacement device. For optimum
efficiency, a high-speed aerodynamic-expansion turbine is beneficial. However, the following
obstacles prevent such technology from being implemented into practice: the necessity of
coupling such a turbine to an electric motor and the difficulty to absorb the reclaimed power.
A low-speed positive-displacement device (due to its similar air consumption characteristics
to those of an internal combustion engine, thereby removing the need for some of the
potential control strategies) may be appropriate for use in the turbo-expansion concept. Two
types of positive-displacement expanders were simulated and experimentally studied in the
literature: Lysholm twin-screw and twin vortices series (TVS) R-Series Eaton.

The turbo-expansion concept using an Opcon twin-screw expander at the high-pressure
stage of a twin-charged SI engine was demonstrated to reduce the likelihood of knock at high
engine loads in simulations due to the intake temperature reduction. However, the engine
test results were not realistic due to the low isentropic efficiencies of the components used
on the investigated engine [52, 57]. More specifically, in the simulation work, the concept
was proven to be able to configure a heavily pressure-charged engine with a high, fixed
compression ratio. The authors stated that, with such a configuration (see Figure 2.4), 150
PS/litre and 200 Nm/litre specific value could be achieved with a compression ratio as high
as 10.5:1. Full-load BSFC was demonstrated to attain just over 240 g/kW, but this result did
not consider the requirement of the turbine inlet temperature, and the combustion model
used was not able to predict knock onset. The fuel consumption benefit came only from the
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recovery power by the expander in their modelling work and was in the range of 5.1 kW out
of the total of 187.6 kW. In the later engine test investigation by Turner et al., the results
were unfortunately unrealistic. Taitt et al. [58] proved that, for the isentropic efficiencies of
the components used on the engine investigated, the system was not capable of delivering
significant reductions in the inlet charge air temperature. They also indicated that system
effectiveness is the least sensitive to compressor isentropic efficiency and the most sensitive
to intercooler effectiveness, with the sensitivity of the expander isentropic efficiency being
in between.

Romagnoli et al. [59] conducted experimental research on an Eaton-type supercharger (R410
TVS) as an expander. The results of this research were considered to be the first available
performance test data of an Eaton supercharger acting as an expander. From the research
results, to deliver a similar mass flow range to the engine when it is operated as an expander,
the supercharger must spin at a slower rotational speed. Thus, a different supercharger drive
ratio (CVT preferred) must to be used to accommodate various engine operating points. Hu
et al. [60] continued the research on use of the Eaton-type supercharger as an expander by
implementing the obtained experimental data into a calibrated downsized SI engine system
model in GT-Power. Although the expansion cooling effect could be achieved, the BSFC
improvement was found to be limited due to the associated larger pumping loss and the
corresponding larger residual gas fraction resulting in degraded combustion phasing.
However, as there is no proper positive-displacement expander template in GT-Power, the
results might not be sufficiently accurate. Note that the limited BSFC improvement might be
‘good’ enough, as the supercharger was initially not intended to be used as an expander. If
the supercharger was optimized for the purpose of expansion, more energy could be
reclaimed and some of pumping loss could be saved which might result in better BSFC
performance.

Although the Eaton-type supercharger as an expander concept showed limited fuel efficiency
improvement at full load, it might be beneficial to use the same configuration to achieve the
de-throttling purpose at part load. This proposed configuration is basically a combination of
the traditional turbo-expansion concept and the WEDACS concept, and it has been studied
by Hu et al. [61] In their study, a CVT-drive Eaton-type supercharger (R410 TVS) was utilized
as an expander to control the engine load and reclaim some of the throttling loss at part load
without the use of a conventional throttle plate. By altering the CVT ratio the engine’s BMEP
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was demonstrated to be controllable, with the fuel efficiency able to be improved by up to
3%, depending on the engine operating points. In addition, the supercharger outlet
temperature could reach sub-ambient or sub-zero temperature due to the expansion effect
of the supercharger functioning as an expander, which could cool the after-cooler’s liquid,
resulting in improved knock resistance and improved engine volumetric efficiency in the
following possible high load drive cycle.

By the adoption of a CVT drive to the supercharger mechanism for a twin-charged engine
system, the Eaton-type supercharger’s operating range could be significantly extended. At
high load/low-engine-speed when the extra boost is needed, the supercharger could be
utilized as a boosting device with the appropriate CVT ratio. The characteristics of a CVT drive
can enable the supercharger to deliver the exact boost without any recirculation of the intake
mass flow, resulting in reduced mechanical loss and the flow loss. Such a scheme might also
benefit from improved knock resistance as the intake charge temperature is reduced. At
high-speed/high-load, when the exhaust energy is sufficient for the turbocharger to provide
the required boost, the supercharger could function as an expander, presenting an indirect
means to recover some of the exhaust energy. At low load, the CVT drive could cause the
supercharger to act as a de-throttling mechanism to deliver the required vacuum whilst
reclaiming some of the throttling loss and reducing the supercharger outlet temperature. The
CVT drive supercharger may also have some benefits for the engine’s transient performance,
as the CVT drive mechanism (at high drive ratio) can offer some potential to over-shoot. In
addition, compared to the fixed-ratio supercharger system (with the necessarily to de-clutch
at part load), the CVT drive supercharger could function as an expander at part load, thus
constantly connecting to the crankshaft. This function, on one hand, indicates the eliminated
time for the conventional clutch to phase in, and, on the other hand, it provides the benefits
from improved NVH performance during the transient.

There are some issues that must be addressed, including the achievable CVT ratio in reality
and the condensation effect. The current maximum belt drive CVT can only achieve a value
of approximately 10, which indicates that the very low supercharger speed might not be
attainable to reach the low BMEP target if the rated torque at the corresponding engine
speed is maintained. In this case, a throttle might be needed to provide an additional vacuum.
The condensation effect must also be considered, as this might affect the performance of the
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expander/combustion. In addition, the associated temperature rise due to the condensation
effect would not have as much cooling effect as that predicted in the numerical simulation.

A turbo-cooling system is beneficial for lowering the intake pressure and temperature of a
turbocharged SI engine. This system also provides a lower turbine inlet temperature (exhaust
temperature). However, such a concept suffers from a larger backpressure due to the
additional power required to drive turbocharger 2 (shown in Figure 2.5). This situation will
result in a larger pumping loss and an increased pressure ratio for turbocharger 1. As a
consequence, from the perspective of gas exchange, the turbo-cooling system is apparently
not a good solution to improve the fuel economy of a turbocharged engine. Nevertheless,
the advantages of the turbo-cooling concept could be realized by exploiting a reduced intake
pressure and temperature. This approach could have some benefits, such as an improved
combustion phasing at fixed knock index, and a reduced requirement of fuel-enrichment.
[55-56]

Major findings: The novel inlet gas exchange processes of turbocharged engines focus on
two parts: pressurized intake charge cooling at high load and throttling loss reduction at low
load. Some technologies utilize the otherwise wasted exhaust energy after the turbine to
cool the intake charge, such as the traditional turbo-expansion concept, which will inevitably
induce higher backpressure, thus resulting in a larger pumping loss and a poorer combustion
phasing. The net BSFC improvement by adopting such a concept should depend on the
balance of the pumping loss, the combustion phasing and the energy recovered.

For the purpose of reducing the throttling loss at part load on the intake, the currently
possible method is via the adoption of a turbine-like expander to reclaim some of the
throttling loss. Considering the fact that most of the current two-stage SI engines have a
positive-displacement supercharger on the intake, implementing a CVT drive for the positivedisplacement supercharger might be a good direction to reduce the throttling loss in the near
future.
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2.4.2 Combustion efficiency enhancement within the chamber
Stratified charge:
The development of gasoline direct injection technology not only mitigates the requirement
to reduce the compression ratio for downsized gasoline engines, but also facilitates the
progress of stratified charge SI engines. Under normal stratified operating conditions, fuel
injection is often delayed until the piston approaches top dead centre (TDC) [62-64]. By
enriching the mixture near the spark plug with the remaining cylinder well above the
stoichiometric condition, it is expected to achieve a very high overall air/fuel ratio with good
stability and fuel consumption [65]. Chadwell et al. [43] stated that the stratified charge,
which is one of the lean concepts, can benefit from better pumping work under the lean limit
due to de-throttling. Sauer et al. [39] demonstrated that the stratified charge had a better
cycle efficiency due to the lower mean temperature because of dilution.

The stratified charge mode is more EGR-tolerant in a turbocharged engine, in addition, based
on simulations, the operating regimes of a NA stratified engine can be significantly extended
by turbocharging the engine. Moreover, the stratified charge mode might be beneficial to
reduce the likelihood of knock for a turbocharged engine due to the reduced combustion
temperatures [66].

However, the issue of compressor surge for the stratified charge turbocharged engine might
exist because excess air, and thus a higher pressure ratio, is required at some engine
operating points. In addition, stratified charge prevents a three-way catalyst to completely
convert the emissions, which is expected to require a lean NOx trap, resulting in additional
cost and packaging challenges [67].

EGR:
The conventional method to avoid or mitigate knock for a downsized turbocharged engine
consists of retarding the spark timing and/or fuel enrichment, with the drawbacks of higher
exhaust temperature, inefficient catalytic conversion and poor fuel efficiency. For highly
downsized SI engines, the compression ratio must still be reduced, which inevitably results
in degraded fuel efficiency at part load. A cooled external EGR is widely accepted to be a
suppressant of knock without compromising performance in turbocharged SI engines [68].
Moreover, it is demonstrated that the tolerance to EGR is improved for downsized
turbocharged engines than for NA engines, and the NOx level could be further reduced
23

through increased EGR ratios [57]. Brustle and Hemmerlein [69]. investigated the effects of
a cooled external EGR on the performance of a turbocharged SI engine under stoichiometric
conditions with a pre-turbine temperature limit of 1000 degC. An increase of up to 1 bar
BMEP was demonstrated to be attained when the EGR rate was controlled to be 12%. They
also suggested that a small increase of the compression ratio could be implemented to
improve the fuel economy across the entire engine operating map. Alger et al. [70]. also
suggested that engines with an EGR loop had the ability to operate at high compression ratio
above 12:1. The knock intensity is limited due to the reduced rate of mass burning with the
reduced rate of temperature rise during the combustion. In the following, different EGR
concepts from different angles of view will be reviewed.

External EGR vs. Excess air:
A number of researchers compared the utilization of the excess air with the external EGR in
a given engine operating point (5000RPM and 16.5 bar BMEP). Although the combustion
stability for both cases were deteriorated, the EGR was demonstrated to facilitate a more
stable burn and showed substantial advantage in terms of reducing the level of NOx [71]. In
a similar study by Duchaussoy et al [72]., the external EGR was proved to provide benefits
over excess air dilution in terms of performance, heat exchange and specific fuel
consumption.

Note that EGR coolers can further reduce NOx emissions by lowering the combustion
temperatures even further. There are many considerations when sizing and matching an
appropriate EGR cooler for a turbocharged SI engine application. For the low-pressure EGR
configuration specifically, the EGR cooler must have a high efficiency to maintain the
compressor isentropic efficiency and avoid excessive outlet temperature [73]. Implementing
an EGR cooler might have some other issues such as EGR cooler fouling and added
backpressure which has a negative effect on fuel efficiency.

External EGR vs. Internal EGR:
When internal and external EGR were compared, Alger et al. [74] demonstrated that the
former benefited at low and part loads due to reduced pumping loss and re-heat of the intake
charge, while a cooled external EGR at high load can significantly improve fuel consumption
by mitigating the requirement of over-fuelling and reducing the knock tendency. An internal
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EGR will be discussed in the following, and the external EGR will be reviewed in the next
section.

Unlike the external EGR, which is fulfilled by a separate air path, the internal EGR is usually
achieved by controlling the valve timings. Recompression and rebreathing are the most
commonly used valve strategies to achieve the internal EGR. Other strategies may be used,
but the above-described strategies are representative.

Recompression, also termed as negative valve overlap, refers to the strategy with exhaust
valve closes before TDC and the intake valve opens after TDC. The crank angle duration
between the exhaust valve closing and the intake valve opening is known as the negative
valve overlap. This method traps some exhaust gas, but might cause a cylinder pressure rise
during the end of the exhaust stroke, resulting in some negative pumping work. The
rebreathing approach uses a delayed exhaust valve closing or a second separate exhaust
valve event which results in an increased overlap between the exhaust valve and intake valve.
During this overlap, depending on the pressure difference between the intake port and
exhaust port, some of the exhaust gases will flow back into the cylinder. Some issues may
arise by adopting such an approach, including the requirement for a complicated valve
control system under different engine operating points and the intervention between the
exhaust valve and piston around TDC [75].

High pressure EGR vs. Low Pressure EGR:
From the literature [76] the high-pressure (HP) EGR system had the advantage of a minimum
volume between the EGR control valve and the intake valves, which is beneficial for
controlling the EGR rate during engine load transitions. In contrast the low-pressure (LP) EGR
prevailed over the high-pressure EGR on the exhaust gas temperature controllability, and LP
EGR is more perfectly cylinder-to-cylinder distributed. Takaki et al. [77] stated that LP EGR
was possible to supply sufficient EGR under the high-load low-speed engine operating region,
where the boost pressure is larger than the exhaust (see the black outlined region in Figure
2.6 and Figure 2.7). In addition, LP EGR could be beneficial for knock suppression due to the
removal of the NOx if the EGR path is placed downstream of the catalyst.

For a high-pressure EGR system, the Dedicated EGR concept, which is shown in Figure 2.8, is
a new approach proposed by Christopher et al. [43, 78]. In the system, only one cylinder was
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used to produce the entire EGR mass flow, and the dedicated cylinder was run rich of the
stoichiometric condition, with an equivalence ratio between 1.3 and 1.4 to produce the
reformate, such as CO and H2. By using the EGR and reformate (CO and H2), such a layout was
demonstrated to have a positive compounding influence on the knock mitigation, resulting
in an increase in the compression ratio from 9,3:1 to 11.7:1. Note that the engine featured a
constant 25% EGR rate, which made the control less complex.

Pre-catalyst EGR vs. post-catalyst EGR:
Because almost every modern emission-controlled gasoline engine has a close-coupled
catalyst, it is possible to utilize the additional pressure drop across the catalyst to help drive
the LP EGR, which is especially valuable at low engine speed/load [79]. In the same literature,
the authors stated that the pre-catalyst source EGR could also facilitate the engine breathing
(less pumping loss) as a result of the improvement of the pressure drop across the turbine,
which is beneficial for the reduction of the size of the EGR valve. In addition, the pre-catalyst
EGR has some other advantages over the post-catalyst EGR including enhanced peak engine
output, improved EGR cooling effect and the ability to re-burn the hydrocarbons and H2.
From the perspective of the pre-catalyst source EGR on the combustion efficiency and burn
rate, it was demonstrated that as little as 0.2% H2 yielded significant increases in the
combustion speed, improvement in the combustion stability and reduction in the HC
emissions in a stoichiometric SI engine running external EGR. [72] Kwon and Min. [80] also
showed that the CO content in EGR can enhance the combustion rate, but it is strongly
dependent on the CO to H2 ratio and the combustion temperature. BorgWarner. [79]
summarized that the pre-catalyst LP EGR has 1.5 to 3.5% BSFC benefit over the post-catalyst
EGR due to the improved combustion efficiency, improved PMEP and the ability to re-burn
the exhaust. In addition, the turbine inlet temperature was reduced compared to the postcatalyst configuration. Negative effects of pre-catalyst EGR generally include the oxidization
for the compressor and a lower knock resistance attributed to the NOx content in the EGR
[81].

Cylinder deactivation (variable displacement):
Cylinder deactivation, usually referred to as a method to achieve variable displacement, is
not a novel concept, but rather has existed for decades. Cylinder deactivation allows the
engine to be further ‘downsized’ at the light-load operation and offers maximum
performance under the full-load condition.
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In typical light-load circumstances, only a small proportion of the available torque at the
corresponding engine speed is utilized. In this context, a throttle valve must be partially
closed, which prevents the engine from breathing freely. Some of the power is therefore not
used to propel the vehicle forward, but to overcome the drag to draw air through the small
opening and the accompanying vacuum resistance at the throttle valve. In addition, the
combustion efficiency at part-load operation is not as efficient, considering the fact that the
combustion chamber pressure is relatively low when the spark plug is about to fire, resulting
in a low IMEP.

The cylinder deactivation concept generally keeps the intake and exhaust valve closed
through all cycles for a particular set of cylinders in an engine. The fuel delivery for each
deactivated cylinder is also cut-off by electronically disabling the appropriate fuel injection
nozzles. By doing so, the throttle valve is forced to be opened more fully resulting in better
pumping work, accompanied with an improved combustion chamber pressure, thus resulting
in a higher combustion efficiency. The reduced power train friction through the absence of
the actuating forces on the deactivated valves was also demonstrated to contribute to
improvement of the fuel consumption [82].

This concept has only been applied to relatively large displacement engines, but recent
research shows that it can also be applied to small displacement turbocharged SI engines.
For example, Volkswagen implemented the cylinder deactivation concept on its four-cylinder
1.2 Litre engines. Its system, named Active Cylinder Technology, was demonstrated to reduce
the fuel consumption in the EU driving cycle by approximately 0.4 Litre per 60 miles [83]. The
two issues of unbalanced cooling and vibration must be overcome for production cylinder
deactivation concept engines.

Homogeneous Charge Compression Ignition:
Rather than using an electric discharge to ignite the charge for SI engines, homogeneous
charge compression ignition (HCCI) increases the charge’s density and temperature via
compression until the entire mixture reacts spontaneously. The approach is best regarded as
a combustion mode of internal combustion engines distinct from the conventional spark
ignition and compression ignition operating modes and it potentially offers the advantages
of the two conventional combustion modes with high-efficiency and ultra-low NOx (due to
lower temperature) and soot emissions (attributed to pre-mixed charge) 84]. By use of a very
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dilute mixture, the HCCI engine could operate un-throttled at part load, thus reducing
pumping loss. In addition, the HCCI cycle is more approximate to the ideal Otto cycle (shorter
combustion duration), resulting in better thermodynamic efficiency at fixed geometric
compression ratio. Furthermore, the lean mixtures can contribute to the higher ratio of
specific heats, thus improving the thermal efficiency of the engine. Although stable HCCI
operation and its substantial benefits have been demonstrated, several technical barriers
must be overcome before HCCI can be widely applied to production SI engines.

However, due to the nature of the HCCI combustion, robust HCCI operation can only be
realized in a limited operating range, with the lowest bound restricted by misfiring at low
load and the highest bound by a high rate of pressure rise at high load. Thus, most SI engines
using HCCI have dual-mode combustion systems in which the SI combustion is used for the
operating conditions where HCCI operation is not possible, which includes low-loads, highloads and cold start. To operate such an engine, a transition between SI and HCCI and SI
modes in different engine operating points should be seamless in operation, whilst keeping
all associated engine, combustion and emission parameters in an acceptable range.
Milovanovic et al. [85] performed an experimental investigation using trapped exhaust gas
for the transition from SI to HCCI to SI combustion mode on a single cylinder research engine
equipped with a fully variable valve train system. The experimental results suggested that a
SI to HCCI mode transition could be performed in one engine cycle without affecting
driveability, combustion and emissions. However, a considerable change in engine torque
and emissions were observed during the HCCI to SI mode transition due to the weak
combustion or misfire resulting from unsynchronised valve profile change, throttle response
and unadjusted fuelling rate. This observation is consistent with the research by Wu et al.
[86]. However, Zhang et al. [87] suggested that the transition from HCCI to SI was easier than
the reverse transition via a quick and dynamic control of the residual gas fraction.

Turbocharging is demonstrated to have the ability to extend the high-load and high-speed
operating limit by raising the air mass flow through the engine to dilute the mixture, resulting
in better knock resistance [88-89]. However, due to the limit of the gas exchange process
(compressor surge), the higher load and speed region might still be unattainable. In this case,
a twin-charged configuration might be needed to provide enough fresh air for the HCCI SI
engine. Moreover, the low exhaust gas enthalpy available to the turbine results in a high
exhaust backpressure, leading to increased negative pumping work that affects the fuel
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economy [88]. Another problem with HCCI is that turbocharging can increase the rate of the
peak pressure rise to unacceptable levels sometimes, so high EGR fractions or reduced
compression ratio may be required to keep the rate of peak pressure rise low [89-90].

Major findings: For turbocharged SI engines in the combustion chamber, the corresponding
gas exchange process is mainly for the purpose of the combustion efficiency (or combustion
phasing) improvement and the reduction of the pumping loss. In thermodynamics, any
approaches, such as EGR and stratified charge, which facilitate a larger geometric
compression ratio are beneficial for the combustion efficiency. In addition, if the requirement
of three-way-catalyst is not considered (air/fuel ratio is not fixed) and different combustion
operation mode can be switched seamlessly by a proper control, lean combustion
approaches, including HCCI and the stratified charge concept, might be a good direction. Such
concepts not only increase the combustion efficiency but also benefit from the reduction of
the pumping loss, resulting in improved thermal efficiency. At low load, the associated
pumping loss must be a high priority. In this case, the cylinder deactivation concept can be
adopted to further ‘downsize’ the engine.

2.4.3 Valve event associated development
Variable Valve Timing (VVT):
There are a number of studies in the literature on VVT to improve the gas exchange process
on turbocharged gasoline engines. It is widely accepted and examined that the inlet valve
timing is the most important parameter to optimize volumetric efficiency, whereas the
exhaust valve timing determines the RGF and NOx [91]. The reviews below will be organized
by the most common VVT operation strategies, with a focus on the gas exchange.

Basic rules of exhaust valve timing variation with engine speed:
As the engine speed increases, both valve durations and valve overlaps should be increased
to offset the decreasing amount of time taken by the intake and exhaust strokes, thereby
minimizing pumping losses and maximizing volumetric efficiency [92]. For a fixed duration
VVT mechanism, the normal approaches to alter the overlaps could be by the adoption of
early exhaust valve opening (EEVO) and late exhaust valve closing (LEVC) if the intake valve
timing is fixed.
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Asmus et al. [93] noted that early opening of the exhaust valve leads to reduction in the
effective expansion ratio and expansion work, but this reduction is compensated by the
reduced exhaust stroke pumping work and better scavenging. Part of the expansion work
was also recovered from the turbine in a turbocharged engine. However, according to
Siewert. [94] EEVO resulted in an increase of un-burned or incomplete hydrocarbon due to
the interruption of the completion of the cylinder hydrocarbon reaction. Nevertheless, the
NOx level could be reduced due to the reduction of the combustion temperature.

Based on the literature. [91], the LEVC (or the overlap between the intake and the exhaust
valve) should be kept small at low engine speed to prevent back-flow, whereas it should be
enlarged at high engine speed to take more advantage of flow inertia. Asmus et al. [93]
demonstrated that with the higher boost pressure or higher speed for which the engine
performance is optimized, a later LEVC time should be implemented to avoid any
compression of the cylinder contents. He also stated that the level of the residual gas was
not sensitive to the exhaust valve closing time, but the LEVC should be limited for PFI engines
due to larger blow-through.

Miller Cycle
Application of the Miller cycle, which could be realized by either early or late intake valve
closing (EIVC or LIVC), has the potential to reduce the effective compression ratio, thus
mitigating knock at high load. In addition, it has been suggested in literature. [95] that the
application of LIVC and EIVC could modulate the engine load without throttling on SI engines,
and such an effect is expected to be more advantageous for NA engines than for downsized
engines.

Miller. [96] proposed the use of EIVC to reduce the effective compression ratio to decrease
the gas temperature and enhance the knock resistance of a supercharged gas engine. Other
authors also stated that the lowered gas temperatures using the Miller cycle also resulted in
reduced NOx emission [97-98]. Bozza et al. [99] tested the EIVC concept in a small-sized
turbocharged SI engine at 3000 RPM and 3 bar BMEP, which is of interest of the European
homologation urban driving cycle. The test results showed that significant BSFC reduction
could be achieved with the pre-lift configuration allowing for the increase in the effective
compression ratio and multi-lift, enhancing the combustion speed due to the higher
turbulence intensity promoted by the second lift.
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Asmus et al. [93] examined the idea of the LIVC and stated that there was a strong connection
between the LIVC and the volumetric efficiency, depending on the mean piston speed. Taylor
et al. [95] tested the LIVC concept on a Mahle 1.4 litre downsized engine (only turbocharged
with the supercharger removed) and concluded that with their CamInCam system, at part
load, the LIVC could achieve better pumping work due to de-throttling, thus resulting in
better fuel economy; however, the use of a variable compression ratio (VCR) device was
preferred to attain more benefits. The study by Martins et al. [100] provided additional proof
of the advantage of combining the Miller cycle and the VCR by demonstrating that engines
equipped with the Miller cycle had better fuel efficiency over the conventional Otto cycle,
while significant efficiency improvements were found with the assistance of VCR devices. At
high load, LIVC was also beneficial due to the enhanced knock resistance, but the
improvement was limited by the heat transfer when the charge went back to the intake
system. Akihisa and Sawada. [101] also proved that the decoupling of the compression and
expansion stroke yielded up to 20% fuel efficiency improvement by exceeding the expansion
ratio to be 20:1.

Li et al. [102] compared the performance of EIVC and LIVC operation for a highly boosted,
high compression ratio, direct-injection gasoline engine. An improved anti-knock
performance was found to be achieved when implementing either EIVC or LIVC strategies at
high load (1000 RPM, 13.2 bar BMEP). LIVC seems to be advantageous over EIVC in high-load
BSFC due to the better knock resistance and greater pumping work. However, at low load
(2000 RPM, 4 bar BMEP), the fuel economy was better for EIVC, primarily owing to the
reduced pumping loss. The improved fuel-air mixing and enhanced in-cylinder turbulence
strength were also noted in EIVC operation, which was consistent with the earlier studies of
Bozza et al. [99]

For a downsized engine, KJ-ZEM introduced by Mazda Motors Corporation is a good example.
This engine was shown to be able to achieve 10-15% fuel efficiency improvement while still
attaining a very high geometric compression ratio (10:1) [103-104]. For the mass production
engine, the valvetronic concept first introduced by BMW on the 316ti compact in 2001 is a
variable valve lift system, which, in combination with variable valve timing, allows for infinite
adjustment of the intake timing and duration [105]. This system claimed to negate the need
for a throttle body in regular use and utilized the valve lift and timing to control the engine
load. Such system, via de-throttling, was demonstrated to be able to save at least 10 percent
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fuel throughout the entire engine operating range, with a corresponding reduction in exhaust
emissions.

Residual fraction control (usually achieved by EIVO):
The replacement of combustible gases with inert residual gases reduces the throttling
requirements, but increases the indicated specific fuel consumption. The reduced throttling
loss effect usually dominates, thereby enabling fuel consumption improvement. Hara et al.
[106] stated that the back-flow caused by early intake valve opening (EIVO) could be used for
internal EGR and might be helpful in reducing NOx. The literature review by Hong et al. [91]
also reported a similar phenomenon, in which the EIVO allows the exhaust gas to be in
contact with the low-temperature intake system, thus reducing NOx. EIVO could also be
beneficial for pumping work as some of the exhaust mass reverses into the intake which
indicates less burnt gas is expelled during the exhaust stroke. However, Asmus et al. [93]
showed that EIVO was only beneficial at full engine load to purge the hot residual gas, with
a large back-flow detected at part load, which led to poor behaviour for combustion.

Note that only controlling the valve timing may not always achieve the required engine
performance across the entire engine speed range. As a result two or more sets of cam
profiles are often adopted to switch between different engine speeds for automotive
applications.

Major findings: For a turbocharged SI engine, the gas exchange process is strongly related to
the valve event. A considerable effort of calibration must be conducted to optimize the
engine performance under different engine operating points. In particular, at high load,
where engine knock is an issue, the Miller cycle could be utilized to reduce the effective
compression ratio, resulting in decreased gas temperature, thus mitigating the knock. At low
load, the intake valve throttling (Also achieved by EIVC and LIVC, but not usually referred to
as Miller cycle) might be able to achieve de-throttling purpose to minimize throttling losses.

2.4.4 Exhaust system optimization
Twin-Scroll Turbine:
Twin-scroll or twin-entry is achieved by dividing the entry of the exhaust mass flow into two
scrolls [44]. This technique can use scavenging techniques, which is beneficial for decreasing
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the exhaust gas temperature and the NOx emissions. It is also anticipated that such a layout
could achieve better turbine efficiency and reduce the turbo lag at low engine speeds due to
the elimination of pulse interference.

VGT:
Conventional downsized engines with a waste-gated turbocharger can only achieve high
specific torque during medium to high engine speed owing to the fact that the turbine design
is not optimized for the low engine speed [107]. In addition, waste-gated turbocharged
engines also characteristics apparent turbo-lag compared with their NA counterparts. This is
attributed to the period of time required for the turbocharger to reach high speed whilst
providing enough boost pressure [108-109].

Compared to the fixed geometry turbine (FGT) which acts as a fixed restriction in the exhaust
system, the VGT can vary the effective area in the turbine housing according to the engine
operating condition. The VGT can thus achieve optimum efficiency in a wider range of speeds
and loads [110]. In addition, because of the flexibility of controlling the engine load by
controlling the throttle and the vanes in the VGT, a better strategy can be defined to improve
both the steady state and transient performance [66,111].

However, VGT mechanisms have a tendency to stick resulting in possible failure [112]. Apart
from that, cold start performance of VGT is generally deemed to be worse than that of NA
engines considering the higher overall efficiency thus lower exhaust temperature after the
turbine [113].

Water Cooled Exhaust Manifold (WCEM)
As the degree of downsizing is increased the component protection over-fuelling region
becomes more significant, which limits the fuel consumption benefits. Figure 2.9 shows the
typical downsized gasoline engine component protection over-fuelling region [114]. The
over-fuelling region is found to often occur at high loads, which is due to the higher peak
cylinder temperature and is also attributed to the fact that at high loads the spark timing
usually must be retarded, resulting in increased exhaust gas temperature. WCEM technology
functions by cooling the exhaust gas temperature between the exhaust port and the turbine,
thereby allowing a leaner air/fuel ratio to be achieved. This technology provides the benefits
of controlling the air/fuel ratio to be stoichiometric, resulting in improved three-way-catalyst
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efficiency and allowing for the use of low-cost materials for the turbine (VGT could also be
used in gasoline engines). However, the cost of implementing such a technology into
production gasoline engines and the requirement of increased boost pressure must be
addressed.

DEP:
In the following, a review on a novel gas exchange process named DEP is presented. The
process utilizes two exhaust valves in a turbocharged engine separately. The blow-down
valve is connected to the turbine inlet to provide the target boost pressure whilst the
scavenging valve bypasses the turbine mainly for the scavenging behaviour. By combining
the exhaust system of a turbocharged engine and a NA engine, the strength of both could be
enhanced while the limitations for each could be offset [15]. The engine with the DEP concept
could benefit from a reduced ‘averaged’ backpressure (improved PMEP), reduced RGF,
better combustion phasing, improved transient performance and enhanced cold start
behaviour. The findings and results in the associated literature are detailed below.

The DEP concept was first mentioned in a British patent. [115] in 1924 and further patent
claims have been made since then by several companies, including Deutz AG. [116], Fleming
Thermodynamics Ltd. [117], Saab Automobile AB. [118], Borgwarner. [119] and TU Dresden.
[120]

The first paper. [21] that can be traced on this concept involved both experimental and
simulation work on a passenger car SI engine. The results showed that a positive pressure
difference over the engine at the gas exchange TDC could be realized over the entire speed
range. This observation, on one hand, significantly reduced the pumping loss and, on the
other hand, reduced residual gas fraction compared to the baseline engine. This study also
showed that the time to catalyst light off could be reduced because the exhaust mass flow
can bypass the turbine by deactivating the blow-down valve. The author suggested that
engines equipped with port fuel injection would not benefit as much from the DEP concept
than that with direct fuel injection due to the possible blow-through. However, as most of
the air/fuel ratio sensors are mounted on the exhaust side, DI engines require more
calibration efforts for a DEP turbocharged SI engine. Pulse interference was also briefly
investigated, and the author noted that the 200 CAD duration of the exhaust blowdown valve
has already showed the ability to limit the pulse interaction, which is quite difficult to achieve
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in other turbocharged engines. It should be noted that the exhaust valve diameter was
designed to increase by 4 mm, but the author did not mention the benefits that the engine
could gain without the DEP concept. Some other limitations, such as the requirement of
utilizing a trapping valve at low engine speed, higher turbine inlet temperature and more
severe choked flow in the exhaust valves were noted, and the author mentioned that
adopting a fully variable valve mechanism, enhancing the material and cooling system in the
exhaust blow-down system and the variation of the exhaust valve sizes might prove valuable
to address the problems above. Last, a new turbocharger matching using a smaller
turbocharger might need to be adopted because some of the exhaust mass flow bypassed
the turbine which made it difficult to attain the target boost level.

BorgWarner. [18-19] has explored the DEP concept further using both simulation and engine
tests for a turbocharged SI engine. Their concept, which is named the Valve-Event Modulated
Boost (VEMB) system, applied a cam-phaser controlled concentric camshaft system to the
exhaust side of a divided exhaust port 4-valve per cylinder double overhead camshaft (DOHC)
GDI engine. The turbocharger boost was demonstrated to be controllable without the need
of a conventional wastegate. In addition, a unique external EGR system from the scavenging
path was used to effectively control the turbine inlet temperature. Their model and engine
test results indicated the ability for the turbocharged engine using the VEMB concept to
operate at a higher BMEP across the engine speed and load with some fuel efficiency
improvement (up to 12.24%) due to increased PMEP and better combustion phasing (up to
a 17 degree crank-angle). As in the literature described above, the exhaust valve area in the
VEMB system was also increased, and the port flow characteristics were redesigned, resulting
in an improvement of 13-15%. The possibility of increasing the compression ratio was briefly
mentioned in the paper, but more investigation is required to validate the statement. Hu et
al. [17] performed some simulations on the possibility to increase the compression ratio for
a DEP based engine. In their model, the compression ratio was found to be increased by at
least 0.5.

A more recent research paper by BorgWarner and PSA. [20] provided a summary for the DEP
research. They noted that, based on the improvements the VEMB system has already shown
on the 4-cylinder turbocharged engine, the potential of utilizing such a system on extremely
downsized engine applications could also be high. A PFI turbocharged 2-cylinder engine was
selected to validate the assumption. By using proper valve events, the VEMB was found to
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also be very promising for PFI engines with high specific output. The authors also suggested
that engine efficiency at partial load might not be as beneficial as that at the mid to high load
operating points.

The DEP concept was also investigated on heavy-duty diesel engines [22-24]. (although this
chapter concentrates on the SI engine, some conclusions or summaries from the described
literatures are still useful for the design of a DEP concept SI engine). The author concluded
that the optimum valve timing was determined by the trade-off between the produced
turbine power and the increased PMEP that gives the lowest BSFC. The possibility to control
the mass flow and therefore the pressure ratio over the turbine was also noted. By optimizing
the timing event, the turbine could be operating in a higher efficient area. However, this
higher efficiency might only be true for 6-cylinder turbocharged engines because this effect
was not evident in the model Hu et al. [13] were studying. The valve size was considered to
have a large impact on the engine efficiency, and the author made the point that different
optimal relationships between the intake, blow-down and scavenging valve area strongly
depend on the current EGR system and EGR rate. Last, it was stated that at low engine speed,
where the valves are less choked, it is possible to increase the full load curve because the
DEP concept uses a smaller turbine than the standard.

A novel simulation study of the DEP was conducted at TU Dresden [3]. The difference in this
study is that the two manifolds were connected to different turbocharger turbines to provide
the possibility of a sequential or two-stage-regulated system. At the first operating range,
which began at the lowest engine speed, a maximal portion of the available exhaust mass
flow was directed either to the primary turbocharger (sequential) or the high-pressure
turbocharger (two-stage) until the rated mean pressure was achieved through minimizing
the scavenging valve duration. After the rated mean pressure was attained, a larger portion
of the exhaust mass flow was then fed into the second turbine (sequential) or the lowpressure turbine (two-stage) to limit the torque increase whilst reducing the pumping loss.
With the transition of the staged turbocharging system into the second operating mode, the
sequential system would have the mode of parallel operation of both turbochargers; while
for the two-stage-regulated system, the high-pressure stage would be phased out. The
results showed a clear improvement in the scavenging behaviour in the lowest speed range,
a reduction in the BSFC in the rated output range, as well as substantially more spontaneous
torque build-up. The author also noted that the sequential turbocharged model showed
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advantages in dynamic operation, while the two-stage system exhibits more continuous
system behaviour overall.

Hu et al. [16] conducted a similar simulation study on a two-stage heavily downsized SI engine
from the perspective of gas exchange (not considering combustion phasing). The schematic
layout of the system is shown in Figure 2.10. By adjusting the three bypass valves, the twostage system was demonstrated to behave similar to a standard DEP system, with one valve
feeding the turbine and one valve evacuating the remaining mass flow directly into the
exhaust. In addition, such system could also achieve the regulated-two-stage DEP concept
with one valve feeding the high-pressure turbine and the other valve feeding the lowpressure turbine. At high and medium speeds, such a layout could achieve low backpressure
during the end and the beginning of the exhaust stroke respectively, and at low engine speed,
low backpressure was fulfilled across the entire exhaust stroke range. Reduced pulse
interferences were observed for the entire range of engine speeds, which, together with the
reduced ‘averaged’ backpressure, resulted in an improved pumping situation. Although, in
their system, the combustion phasing was not considered, it was anticipated that the twostage DEP system can also benefit from better combustion phasing due to the reduced intake
boost and temperature together with decreased RGF. The geometric compression ratio could
also be increased to further improve the fuel efficiency at part load, but more investigation
must be conducted.

Turbo-discharging
At Loughborough University, a novel DEP called turbo-discharging was first investigated by
means of both simulations and engine tests [25-27]. This concept can be applied to both NA
and turbocharged engines. For NA engines (see Figure 2.11), the blow-down pulse is fed into
the turbine while the scavenging mass flow is directed to the post-turbine or the precompressor. Different from the conventional turbocharger system, the compressor in the TD
system is used to depressurize the scavenging manifold rather than compressing the inlet
charge. This process, on one hand, leads to sub-atmospheric pressure (< 0.5 bar) in the
scavenging manifold, which is beneficial for the pumping work as well as the reduction of
trapped residual gas fraction; on the other hand, the depressurization of the post turbine
side leads to an increased pressure ratio across the turbine for the same blow-down
pulsation. The TD concept, when implemented on a turbocharged engine, will have a similar
layout, which shown in Figure 2.12. Note that both the scavenging manifold and the primary
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turbine outlet is connected to a secondary turbine before the primary compressor. This
configuration has proved to have a similar effect of improving the pumping work and
increasing the pressure ratio across the turbines for the same blow-down energy. Simulation
results showed that up to 5% fuel consumption could be reduced and the torque
performance could be improved by 7% due to reduced pumping loss and better combustion
phasing.

For clarity, Figure 2.13 presents the idealised part load in-cylinder pressure-volume diagram,
showing the primary and secondary gains of a Turbo-Discharging system compared to a
conventional engine configuration (NA or turbocharged). The lower exhaust pressure is
observed to be developed by the depressurization of the exhaust contributes to significant
reductions in the pumping work. Although the improvement of the engine’s breathing
characteristics is counteracted partially by the increased engine throttling to maintain a given
engine load, which has been shown to be a small effect in comparison to the pumping work
benefit gained by the lower exhaust pressure. Such a concept also has some secondary gains
which include a reduced trapped hot residual resulting in additional spark advance in SI
engines and a potential to increase the compression ratio.

Although the TD system has shown fuel economy benefits for the NA and turbocharged
configuration in simulation, the integration of after-treatment systems was not considered.
The authors suggested that a wastegate feature could allow control of TD system to balance
the thermal and breathing requirements of the engines at high loads, and there is no
apparent difference between the TD concept engine and the NA or turbocharged engine at
part load for thermal management, as there is no blowdown event to activate the TD system.
In addition, some issues might exist for the matching of the EGR system to the TD concept
engine as the peak exhaust pulsing pressure is comparable to the conventional engine
solution, but the average pressure is lower.

Mirror gas turbine:
The mirror gas turbine is a novel concept focusing on how to improve the gas turbine’s
thermal efficiency by the regeneration of the otherwise wasted energy after the turbine. The
basic schematic is shown in Figure 2.14. The ambient air is drawn into the first compressor,
where it is pressurized. The compressed air runs through a combustion chamber where fuel
is burned heating the air. The heated, pressurized mass flow then gives up its energy
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expanding through the first turbine to produce the work output (if the gas flows into the
ambient, then the cycle is called the Brayton cycle). The hot gas after the gas turbine expands
through a second turbine rather than flowing into the ambient and cools down by a heat
exchanger. A second compressor that is coaxial with the second turbine compresses the mass
flow to the ambient to complete a circulation. This process can be imaged as a reflection by
a mirror virtually placed between normal Brayton cycle and inverted Brayton cycle, thus
termed a mirror gas turbine [121]. Note that one or more compressors could be linked to the
second turbocharger to achieve more exhaust energy recovery, and it can be said that with
infinite compressors, the recovered exhaust energy can be maximized.

Although this concept has been, to the author’s knowledge, only proposed for gas turbine
plants, a similar configuration could also be applied to turbocharged SI internal combustion
engines. For turbocharged SI engines, the exhaust energy after the turbocharger turbine is
still high, which can then be fed into the inverted Brayton cycle to reclaim some of the
otherwise wasted exhaust energy (see Figure 2.15).

Figure 2.16 shows a temperature and entropy diagram of a turbocharged SI engine with three
stages of inverted Brayton cycle compression. The intake charge enters the cycle at state 1
through the turbocharger compressor where it is pressurized and then leaves at state 2. The
air then goes through the compression process to state 3, the heat addition process to state
4 and an expansion process to state 5. The air subsequently expands through a turbocharger
turbine before leaving at state 6. As the exhaust gas still carries a large amount of thermal
energy, the gas can be further expanded within the next turbine to state 7, where the
pressure of the gas could be below atmosphere. The depressurized gas then passes through
an intercooler to remove the remainder of the heat to state 8 before the gas is compressed
back up to atmospheric pressure by one or more compressors. As suggested by the TS
diagram, adding additional compressors will improve the exhaust energy recovery, thus
increasing the thermal efficiency. Chen and Copeland. [122] recently suggested that up to 6%
fuel efficiency improvement could be achieved depending on the engine operating points, by
the adoption of Mirror gas turbine concept.

Major finds: The gas exchange process focused on the exhaust is mainly for the purpose of
reclaiming the maximally possible exhaust energy whilst attempting to improve the
corresponding backpressure. Twin-scroll turbine, VGT and WCEM are the approaches in the
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production to improve the engine’s breathing characteristics. For approaches only at the
research stage, both the mirror gas turbine concept that could further recover the blowdown energy and the DEP/turbo-discharging layout focusing on the reduction of the engine
backpressure have some potential to improve the engine’s thermal efficiency, but with the
penalty of additional cost, package and control complexity.

In the following table, the improvements of some important parameters in a turbocharged
engine system have been summarized for each technology reviewed above. It can be seen
that almost all the technologies have a positive effect on the enhancement of compression
ratio. However, there is no technology which can simultaneously improve all the important
parameters of a turbocharged engine. It is therefore anticipated that by combining different
technologies reviewed above, higher fuel efficiency could be achieved through a better gas
exchange process.
Table 2.3. Improvement of some important parameters for each technology

De-throttling

Intake
temperature
at high load

√

√

√

WEDACS

√

√

√

Turbo-expansion

√

√

√

Stratified Charge

√

EGR
Cylinder
deactivation

√

HCCI

√

VVT
Twin-scroll
Turbine

√

Inlet
Design

Manifold

Backpressure

√

Turbine inlet
temperature

Turbocharger
performance

Compression
Ratio

√

√

√

√

√

√
√

VGT

√

√

√

√

√

√

√

√

√

√

√

√

√

√

WCEM
DEP

√

Turbo-discharging
Mirror
Gas
Turbine

√
√

√
√
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2.5. Chapter summary and conclusions
The gas exchange process (breathing characteristics) is crucial for the optimization of
turbocharged SI engines, the behaviour of which is strongly related to the pumping work and
also has a significant effect on the corresponding combustion efficiency. A number of novel
technologies have been utilized to further improve the performance of turbocharged engines
from the primary gain of the improved gas exchange process and/or the secondary gain,
which includes enhanced combustion efficiency, increased compression ratio and reduced
RGF. They have been categorized into four sub-sections including charge air
pressurization/de-pressurization improvement, combustion efficiency enhancement within
the chamber, valve event associated development and exhaust system optimization.

1: Novel charge air pressurization/de-pressurization improvement of turbocharged engines
focus on two directions: pressurized intake charge cooling at high engine load and throttling
loss reduction at low load. The intake charge cooling could be realized by the utilization of
the otherwise wasted exhaust energy at high load, while the de-throttling purpose could be
achieved by allowing the intake charge to expand through a turbine-like expander to reclaim
some of the throttling loss.

2: The combustion efficiency improvement concentrates on the pumping loss reduction and
the improvement of the combustion efficiency. If lean combustion is allowed, then the HCCI
and stratified charge concept might be a good solution to improve the pumping work and
the corresponding combustion efficiency. However, the limited operating width and the
requirement of the seamless operation switch should be considered in advance. At
stoichiometric condition, cylinder deactivation to further ‘downsize’ the SI engine or EGR to
recirculate a portion of the exhaust gas back to the engine cylinders could have some benefits
on turbocharged engine performance at low load and high load respectively.

3: Valve event associated development emphasize the mitigation of knock at high load and
the realisation of de-throttling at part load. VVT is a proven technology currently applied to
turbocharged gasoline engines, featuring improved breathing characteristics across all the
engine operating points.
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4: Technologies optimized for the exhaust system are mainly for the purpose of reducing the
exhaust backpressure/temperature and utilizing the maximum possible exhaust energy. A
twin-scroll turbine could lighten or even eliminate the negative effect of pulse interference.
WCEM is the technology to reduce the pre-turbine temperature, with which VGT could be
implemented in production gasoline engines. For approaches only at the research stage, both
the mirror gas turbine concept, which further recovers the blow-down energy, and the
DEP/turbo-discharging layout focusing on the reduction of the engine backpressure have
potential to improve the engine’s thermal efficiency with the penalties of additional cost,
package and control complexity.

42

Figures in Chapter 2

Figure 2.1. The potential for downsizing based on validation data from earlier work. [1]

Figure 2.2. Blowdown interference on the Inline four cylinder engine with standard exhaust
duration. [45]
P exh: exhaust pressure; P int: intake pressure
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Figure 2.3. Four cylinder engine gas exchange diagram – cylinder 1. [46]
Cyl. 1: cylinder 1; Cyl. 2: cylinder 2; Cyl. 3: cylinder 3; Cyl.4: cylinder 4.

Figure 2.4. Proposed test engine system using an Opcon twin-screw expander.
I/C: inter-cooler
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Figure 2.5. A turbo-cooling system.
CAC1: charge air cooler 1; CAC2: charge air cooler 2.

Inlet

EGR

Catalyst

Turbine

Compressor

Exhaust

Engine

Figure 2.6. Low pressure loop EGR and a comparison of the differential pressures between
the EGR gas extraction and the supply ports (EGR valve closed). [77]
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EGR
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Figure 2.7. High pressure loop EGR and a comparison of differential pressures between the
EGR gas extraction and the supply ports (EGR valve closed). [77]

Figure 2.8. Schematic of a turbocharged 4-cylinder engine in a D-EGR configuration.
D-EGR: Dedicated Exhaust Gas Recirculation I/C: inter-cooler.
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Figure 2.9. Typical downsized gasoline engine component protection over-fuelling region.
[114]

Figure 2.10. Regulated-two-stage DEP system
C: compressor; T: turbine; HP: high pressure; LP: low pressure.
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Figure 2.11. Schematic of an example exhaust arrangement of a turbo-discharged NA
engine
T: turbine; C: compressor.

Figure 2.12. Schematic of an example exhaust arrangement of a turbo-discharged
turbocharger engine.
CAC: charge air cooler; T: turbine; C: compressor
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Figure 2.13. Idealised part load in-cylinder pressure-volume diagram showing the primary
and secondary gains ((1) and (2) respectively) of a Turbo-Discharging system. [26]

Figure 2.14. Mirror gas turbine
C: compressor; T: Turbine.
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Figure 2.15. Proposed turbocharged SI engine adopting mirror gas turbine concept
C: compressor; T: Turbine

Figure 2.16. Temperature and Entropy diagram of a turbocharged SI engine with three
stages of inverted Brayton cycle compression
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Chapter 3 - Review of the observations and
potential

trends

supercharging

a

for
downsized

mechanically
passenger

gasoline car engine

This chapter will present the observations on and potential trends for mechanically
supercharging a downsized passenger car gasoline engine. It will first review the
fundamentals and the types of supercharger that are currently or have been used, in
passenger car gasoline engines. Next, the relationships between the downsizing, the
driveability and the down-speeding are introduced to identify the improved synergies
between the engine and the boosting machine. Then, mass production and prototype
downsized supercharged gasoline engines are briefly described, followed by a detailed review
of the current state-of-the-art supercharging technologies that are in production as opposed
to the approaches that are currently only being investigated at a research level. Finally, the
trends for mechanically supercharging a gasoline engine are discussed, with the aim of
identifying potential development directions for the future.

The comparison, discussion and conclusion in this chapter have been published in the form of
a review article in the Proceedings of Institution of Mechanical Engineer, Part D: Journal of
Automobile Engineering.
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3.1. Introduction
Engine downsizing is a proven approach to achieve superior fuel efficiency. It is
conventionally achieved by reducing the swept volume of the engine and by employing some
means of increasing the specific output to achieve the desired installed engine power, usually
in the form of an exhaust-driven turbocharger. However because of the perceptible time
needed for the turbocharger system to generate the required boost pressure, turbocharged
engines characteristic degraded driveability when compared to their naturally-aspirated
counterparts. Mechanical supercharging refers to the technology that compresses the intake
air using the energy taken directly from the engine crankshaft. It is anticipated that engine
downsizing that is realized either solely by a supercharger or by a combination of a
supercharger and a turbocharger will enhance a vehicle’s driveability without significantly
compromising the fuel consumption at an engine level compared with the downsizing by
turbocharging. The capability of the supercharger system to eliminate the high exhaust back
pressure, to reduce the pulsation interference and to mitigate the surge issue of a
turbocharged engine in a compound charging system offsets some of the fuel consumption
penalty incurred in driving the supercharger. This, combined with an optimized downspeeding strategy, can further improve the fuel efficiency performance of a downsized
engine while still enhancing its driveability and performance at a vehicle level.

In this chapter, the fundamentals and the types of supercharger are first briefly introduced,
following which a description of the relationship between the downsizing, the driveability
and the down-speeding is given for the purpose of understanding the interactions between
the fuel economy and the vehicle performance. Some current mass production and highly
downsized prototype passenger car engine will then be discussed. Finally, conventional and
novel approaches to supercharging are compared, with the aim of identifying potential
developments in the future.

3.2. Fundamentals and types of supercharger
The term ‘supercharger’ in this work refers to an air pump that increases the pressure and
thus density of the charge air supplied to an internal combustion engine by directly
connecting to an engine’s crankshaft (and thus taking power from it) by means of a belt, gear
or chain [37].
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In general, there are two main types of superchargers defined according to the method of
gas transfer: positive-displacement compressors and centrifugal compressors [2].

Positive-displacement units offer a relatively constant boost characteristic since they pump
air at a fixed rate relative to the engine speed and the supercharger size. In many respects, a
positive-displacement supercharger may be a more easily integrated device than an
aerodynamic supercharger is. It is a lower speed machine and can therefore have a simple
drive system to the crankshaft; it also has air consumption characteristics similar to those of
a typical internal combustion engine [123].

For passenger car engines, the most frequently used positive-displacement superchargers
are the Roots1 type and the twin-screw type (the latter incorporates internal compression
and therefore is correctly termed a compressor; the former achieves all compression
externally and therefore is properly called a ‘blower’) [124-125]. Both Volkswagen and Volvo
used Eaton (Roots-type) superchargers in their production compound-charged gasoline
engines [31-32,126], and Lotus, Audi and Jaguar have used them as single-stage boosting
devices in recent production engines [127-129].

Figures 3.1 and 3.2 show an Eaton TVS Roots-type supercharger [130] and the lobes from a
Lysholm screw-type supercharger [131] respectively.

Centrifugal compressors are generally more efficient, smaller and lighter than their positivedisplacement counterparts. Their drawback lies in the fact that the supplied boost increases
with the square of the rotational speed, resulting in a low boost at low engine speeds [123].
This is ideal in aircraft and marine engines, which are commonly matched to a propeller [29],
but not for an automotive engine which uses far more of its operating map. Furthermore,
the pressurization requires high tip speeds and therefore, in order to provide sufficient boost,
centrifugal superchargers usually need to be driven by some form of step-up gearing which
inevitably incurs some additional mechanical losses [132].
Until now, centrifugal superchargers have generally been aftermarket parts for passenger car
engines, and one application, the BRM V16 racing engine, famously demonstrated the
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Philander and Frances Roots patented what is now referred to as the Roots blower in 1860 as a machine
to force air into blast furnaces and mine workings. It thus predates the Otto cycle engine.
1

challenge of mitigating the speed-squared relationship between the engine speed and the
boost pressure [133]. One means of alleviating the undesirable boost build-up characteristic
is to employ a drive-ratio-change mechanism. Such systems became commonplace on aero
engines in order to match the performance to altitude better [29-30, 134], and one engine,
namely the Daimler-Benz DB601, used a continuously variable speed-change mechanism,
albeit with relatively high losses [28]. Recently two devices SuperGen and V-Charge have
been produced which achieve continuous variation in the drive ratio, and this capability has
shown a significant performance potential over a Roots-type device as the high-pressure
stage in a compound charging system [132, 135]. Figure 3.3 shows the Torotrak V-Charge
device [132].

Apart from external positive-displacement devices that provide boost for a passenger car
engine, the engine cylinder itself can also be treated as a positive-displacement unit. The
Scuderi engine shown in Figure 3.4 is an example of this approach which divides the four
strokes of a conventional combustion cycle over two paired cylinders (one
intake/compression cylinder and one power/exhaust cylinder), connected by a crossover
port [136-137]. By dividing the function of compression and power into two paired cylinders
in a ‘split cycle’, in theory the thermal efficiency is improved owing to the increased flexibility
in optimizing the combustion and the pumping work. In addition, the possibility for
pneumatic hybridization [138-139] and the Miller cycle [140] can also provide additional fuel
consumption benefits. However, pumping losses past the crossover valves and through the
crossover ports, energy losses during the heat transfer from the compressed air to the
compressed cylinder and crossover port walls and thermal loading are challenges for this
type of devices. Nevertheless, recent advances show promise, albeit with greater levels of
complication [141].

The pressure wave supercharger (PWS) (sometimes termed a Comprex), which is illustrated
in Figure 3.5, is an unconventional device that, unlike any other supercharging system
described above, pressurizes the intake air directly by the compression wave generated by
the pressure difference between the exhaust mass flow and the intake mass flow [142-146].
The transient response of a PWS-based gasoline engine is superior because the pressure
wave propagates at the speed of sound. In addition, for some engine operating points the
isentropic efficiency of the PWS system is much better than that of a turbocharged
counterpart. For example, the maximum efficiency of a PWS was 75% at 3000 r/min
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according to the research conducted by Oguri Y et al [146]. It should be noted that, unlike
any other conventional mechanical supercharging system with the power directly provided
by the engine crankshaft, the PWS system scarcely consumes the useful engine power (more
like a turbocharger), even though the rotor is usually driven by the engine. There are several
challenges for the PWS system when it is adapted to a passenger car engine. For example,
the length of the rotor channel cells, the port timing and the rotor speed all have to be
matched to the engine size and can be adjusted for different engine operating points. In
addition, the relatively lower isentropic efficiency of this device at higher exhaust pressure
also needs to be overcome before applying it to a production passenger car engine [146].

3.3. Novel compressor designs
In this section, three compressor types which are new to the market are discussed: the
TurboClaw, the Eaton TVS Volumetric Series (V-Series), and a novel compressor from
Honeywell. These compressors are able to enhance the low-end torque and to improve the
transient performance of a boosted downsized engine, thus providing the potential to
downsize and down-speed it further. In the following, first the characteristics of the
Turboclaw are presented, followed by a critical discussion of the Eaton TVS V-Series and the
novel Honeywell compressor.

The TurboClaw compressor is able to provide a higher boost at a lower speed range, by
radically changing the geometry of the compressor to a geometry with highly forward swept
blades (see Figure 3.6) [147]. A Turboclaw compressor map can be seen in Figure 3.7 [147].
It is similar to that of a conventional turbocharger compressor but it operates at a
significantly lower speed. Pullen et al. [148] demonstrated that, by electrically supercharging
a gasoline engine using the TurboClaw compressor, which is not possible for a conventional
radial compressor, the low-end torque and the transient performance of the engine are
greatly improved.

In conventional Roots-type positive displacement blowers, due to manufacturing tolerances,
smaller clearances at multiple locations between two opposing supercharger rotors,
between the rotor and housing (see Figure 3.8) and between the end plates and the rotor
ends (see Figure 3.9), cause leakage from the outlet of the conventional series-production
Eton TVS R-Series to the transfer volume and from the transfer volume to the inlet, resulting
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in a reduced volumetric efficiency. In particular, the smaller TVS R-Series devices, which
typically match a three-cylinder or four-cylinder engine with a displacement from 0.5 L to 2.0
L, have substantially reduced low-speed volumetric efficiency owing to the increased ratio of
the leakage area to the displacement. In order to improve the low speed volumetric
efficiency, Eaton has optimized multiple parameters including the ratio of the rotor length to
the rotor diameter, the number of lobes, the rotor twist and the inlet and outlet port
geometries. The output of several optimization iterations is a new TVS V-Series. Compared
with the R-Series, the V-Series features approximately 32% less leakage cross-sectional area
per unit displacement. In addition, V-Series devices have better isentropic efficiency at lower
supercharger speed owing to its physical characteristics. The combination of a higher
volumetric efficiency and a higher isentropic efficiency in the low supercharger speed range
allows the minimum engine peak torque speed to be reduced or the low-end torque target
to be met with a lower drive ratio than that required by the R-Series, in turn reducing the
intake mass flow recirculation at higher engine speeds, which results in better pumping work.
It should be noted that the V-Series can also increase the low-end torque to downsize a
passenger car engine further if the boost capability rather than the engine knock was the
constraint [130].

The novel compressor supplied by Honeywell is also a device that can provide the same
pressure ratio at lower rotational speeds [132]. It is not clear from the literature at the
moment which technology has been implemented to achieve this. The deficiencies of this
type of compressor are a lower maximum pressure ratio and a narrower speed range. The
merits of this device when fitted on a passenger car engine are similar to those of the TVS VSeries, i.e. it reduces the minimum engine peak torque speed if the same drive ratio is applied
or it reduces the drive ratio if the same peak torque speed is desired, which in turn minimizes
the pumping losses at higher engine speeds. Both scenarios can help to downsize or downspeed a gasoline engine further [132].

3.4. The relationship between downsizing, driveability
and down-speeding
The engine downsizing refers to the use of a smaller-displacement engine to replace a largerdisplacement engine, usually employing turbocharging or supercharging in order to maintain
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in-vehicle installed power [40, 149]. Most downsized passenger car engines currently offered
in the marketplace appear to have a DF of approximately 35% to 40% [7].

It is anticipated that the DF of future highly downsized engines may reach levels at or above
60% as some current prototype engines can now achieve approximately a DF of 50%-60%
using some new technologies currently in development. This is mainly due to the demand to
reduce the carbon dioxide (CO2) emissions of the vehicle further in the near future.
Practically, this can only be achieved by a two-stage boosting system together with at least
one turbocharger to make use of the waste exhaust gas energy [150]. These two-stage
configurations can also realize a higher overall isentropic efficiency as both the high-pressure
boosting devices and the low-pressure boosting devices are able to operate in their higherisentropic efficiency area in two different flow regimes.

The motivation for further downsizing a passenger car engine can also be seen in Figure 2.1
from the last chapter, which shows the potential for downsizing based on some validated
data [7, 34]. The increase in the improvement is mainly due to the reduced pumping losses
at part load, the reduced heat losses and the lower friction, which result in a higher
mechanical efficiency for smaller displacement engines.

However, appropriate engine downsizing is also important when the driving cycle fuel
consumption and the driveability are considered. The so-called ‘correct sizing’ of the engine
should be able to handle the power requirement of the frequent operating points without
the assistance of boosting devices. This is especially true for a fixed-drive-ratio supercharger
system equipped with a clutch, because a large amount of parasitic losses occurs when only
little boost is required and the driveability quality is greatly impaired when a clutch is
transiently engaged [151].

The driveability, which in this chapter is defined as the degree of smoothness and steadiness
of acceleration of an automotive vehicle, describes the driver’s expectation of a vehicle. It is,
by its nature, a subjective rating, and hence is difficult to quantify. However, there seems to
be some correlation between subjective assessments and objective measurement
(characteristic values are given in Figure 3.10) of a vehicle’s behaviour. More specifically, we
find the following [152]:
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a) There is a strong correlation between the delay time or the initial acceleration and
the launch feel, while there is no clear correlation between the jerk and the launch
feel.
b) There is a clear correlation between the delay time or the initial acceleration or the
jerk and the performance feel.
c) There is a degree of coupling between the delay and the initial acceleration in the
subjective assessment of the launch and the performance feel.

Boosted engines and, in particular, turbocharged engines are considered to have poorer
driveability than do their naturally-aspirated counterparts because of the perceptible time
needed for the boosting system to generate sufficient intake mass flow. With the
requirement of further downsizing, the driveability issues become more severe. In this
context, supercharging might have to be introduced either in a single-stage configuration or
in a compound charging arrangement in order to overcome turbo-lag at low engine speeds.

Since downsizing is arguably already reaching a limit [7], down-speeding may become much
more important for increasing fuel efficiency in the near future [153]. Down-speeding refers
to lowering the engine speeds by means of using longer gear ratios or by optimization of the
transmission gear shift strategy to improve the vehicle fuel economy of a downsized engine
further. In many respects, down-speeding functions similarly to downsizing, i.e. it moves the
engine operating points to a higher-efficiency region on the engine characteristic map.
However, down-speeding can be expected to affect a vehicle’s transient performance
negatively; thus, for a particular application, the driveability needs to be considered before
optimizing the transmission gear ratio or the strategy.

It should be noted that it may not be fair to compare the fuel economies of different boosting
systems using only the same engine operating points of an engine, as in a real driving cycle
the different transient characteristics of different boosting configurations coupled with
different transmission shift strategies result in different operating points of the engine. For
instance, Figure 3.11 shows the engine torque and speed trajectory after full–load
acceleration for 5s from near idle speed in each gear for a turbocharged engine [154]. Thus,
a relative accurate fuel economy calculation should be based on the transient performance
of the engine and transmission events. In addition, fuel economy comparisons are better
conducted for similar vehicle performance metrics, such as a similar time interval from 0
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km/h to 100 km/h. In the following, first the effects of down-speeding are studied by using
longer gear ratios, followed by some down-speeding control that is achieved by optimization
of the transmission gear shift strategy. In both situations, the vehicle was operated in a
dynamic environment, and the vehicle performance metrics were maintained.

Birckett et al. [155] simulated and tested a mechanically supercharged 2.4 litre in-line 4cylinder gasoline direct injection engine employing the Miller cycle and a high compression
ratio. It was proved that down-speeding, which was obtained by altering the transmission
ratios (compared with downsizing the engine, in combination with supercharger declutching, compression ratio augmentation and a Miller cycle, and cooled EGR), contributed
most to the improvement in the fuel economy over the 2.4 Litre NA baseline. However, it is
worth noting that the low speed torque capacity was increased by approximately 100Nm and
that, without the enhancement of the low speed torque and the corresponding increase in
transient capabilities, the vehicle performance would have been greatly affected [153].

Wetzel [153] compared three different two-stage boosting systems, namely a twinsequential-turbocharger, a supercharger turbocharger configuration and a turbocharger
supercharger configuration, while maintaining the transmission and final gear ratio in
simulation. It was shown that, at an engine level, the twin-sequential-turbocharged
configuration had a slightly lower full-load BSFC while, at the vehicle level, the supercharging
boosting systems benefitted from a BSFC approximately 8%-10% lower over the NEDC and
12%-14% lower over the Assessment and Reliability of Transport Emission Models and
Inventory Systems urban driving cycle when compared with the twin-sequentialturbocharged configuration, because of its capability to allow down-speeding.

Ostrowski et al. [156] studied the effects of down-speeding and supercharging a passenger
car diesel engine in test and simulation. Their results suggested that optimisation of the
transmission shift schedule can produce greater fuel consumption benefits than does downspeeding by changing the drive ratios. In addition, after optimization of the transmission,
their in-vehicle simulation results on the supercharged configuration showed an
improvement in the fuel economy of up to 12% over that of the turbocharged counterpart,
together with a corresponding reduction in the transmission shift frequency of up to 55%
while maintaining the same first-gear acceleration, top-gear passing and acceleration
performance of 0-60 mph.
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From the analysis above, it is clear that there is a strong relationship between the downsizing,
the driveability and the down-speeding. For boosted engines specifically, further downsizing
can be enabled by the assistance of supercharging in a compound charging system; The
driveability issue of a downsized engine can be mitigated by proper matching of a
supercharger; and from the perspective of the real driving fuel economy, downsized
passenger car engines could employ supercharging technology to move the operating points
of an engine further into a more efficient area while maintaining a similar vehicle driveability.

3.5. Mass production and prototype downsized
supercharged gasoline engines – an overview
A number of mass production and prototype downsized supercharged passenger car engines
are listed in Table 3.1, which satisfy various customer requirements currently. They all have
enhanced specific power and low-end torque together with an improved transient
performance compared with that of a similar-size turbocharged counterpart. It should be
noted that, among the list, the supercharger type is almost positive displacement, and most
are Roots-type; and an active valve is usually employed to bypass or ‘recirculate’ the flowing
through the supercharger when boost is not required. In addition, approximately half of the
listed supercharged systems are equipped with a clutch, and clutched configurations have
larger drive ratios than systems without a clutch.
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Table 3.1. Typical downsized and supercharged gasoline engines
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3.6. Challenges of conventional supercharged gasoline
engines
Clutch control:
In a compound-charging system, at high engine speeds, for a supercharger with a fixed-ratiodrive configuration, both positive-displacement devices and centrifugal devices may violate
their maximum speed limits because of their corresponding physical characteristics. In
addition, for a low load within the naturally-aspirated region, constantly connecting a
supercharger to the crankshaft increases the engine’s parasitic losses which inevitably results
in a degraded fuel efficiency. In this context, a clutch may be a necessary component for a
supercharged engine in order for it to be disengaged in the high-engine-speed and steadystate low-load operating regions and to be engaged at low-speed high-load operating points
and when a transient signal is triggered [132].

It should be noted that in Table 3.1 the JLR AJ126 3.0 L V6 does not use a clutch as standard
and, according to Meghani et al. [159], de-clutching delivered a peak improvement of only
2.6%. This may be because the clutch was mounted on the supercharger nose, i.e. after the
drive pulley and the belt system, and thus a large amount of associated parasitic losses still
existed. In the non-clutched configuration, the control strategy is much easier to implement
as only a throttle or a combination of a throttle and an active bypass valve needs to be
controlled. This also has some other benefits such as improved NVH and more compact
packaging. However, the effect of the increased temperature after the supercharger due to
the recirculation of the intake mass flow needs to be taken into account, especially when a
turbocharger is installed after the supercharger to provide an enhanced boost capability and
possibly better fuel efficiency. Another factor worthy of note is that the non-clutch
configuration may only be feasible for positive displacement configurations since, because of
the characteristics of a fixed-drive-ratio centrifugal counterpart (i.e. its boost increases with
the square of the rotational speed), possibly higher parasitic losses are incurred.

Fully developed boost control (with or without clutch control) is a key technology when
implementing a supercharger in a passenger car engine or a vehicle as part of a compound
charging system when the supercharger has a high drive ratio to generate a high boost at low
engine speed. To the present authors’ knowledge, there does not seem to be any literature
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covering this topic. However, from some simulation and test projects conducted at the
University of Bath [7, 123, 132, 135, 152, 163], it is still possible to summarize some key
challenges for developing a viable control strategy for the supercharger system (it should be
noted that these follow only some suggestions arising from the engine simulation and test
results from the University of Bath and these should not be interpreted to represent or be
calibrated for any specific application).

First, if a clutch is mounted, having the clutch always closed (termed Sport Mode below)
provides the best scenario for the transient performance owing to elimination of the
transient delay of this element, but the fuel efficiency is also largely compromised. The
economy mode refers to when the clutch is disengaged during the steady-state low load
operation and is engaged when a boost is demanded. Economy mode requires selection of a
proper clutch engagement time, as a shorter time will either break the clutch because of the
unavoidable torque (given in Equation 3.1) or generate a torque dip (due to the referred
inertia of the supercharger rotors) during a transient event affecting driveability. For
example, in the simulation study by Rose et al. [163], the clutch acceleration torque can be
seen in Figure 3.12. The engine torque dip phenomenon can also be seen in Figure 3.13, in
which it can be observed that the economy mode (labelled SC disengaged) has a significantly
lower engine torque during the first part of a transient event in comparison with the sport
mode (labelled SC engaged). A longer engagement time is also undesirable since this
negatively influences the engine’s time-to-torque performance, also resulting in a degraded
driveability. For the active-bypass-valve configuration, the timing to close the valve is also
important during a transient; too fast a response will impede the gas transfer when the
supercharger is still rotating slowly after the closing of the bypass valve. Thus a considerable
time is needed to calibrate the system before a good transient response and an acceptable
driveability is achieved.
𝑇 = 𝐼 × 𝜔̇

3.1

T: torque; I: inertia; 𝜔̇ : angular acceleration

Second, given the context that some automotive manufacturers partially close the wastegate
of their turbocharger at part load to trade some fuel-efficiency for an enhanced transient
performance, the supercharger could also be boosting within what is normally the naturally
aspirated region or, if a compound charging system is considered, the turbocharger is
boosted at the steady-state low-load operating point in order to consider the trade-off
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between part-load fuel efficiency and transient performance. For a positive-displacement
supercharger fitted with a clutch, the supercharger pre-spin strategy can also be utilized. It
is when the bypass is closed with the clutch still disengaged, engine pumping speeds up the
rotors to approximately 1/3 of the engagement speed, minimizing engagement time [164].

Finally, the ability to hand over the boost generation from a supercharger to a turbocharger
is also challenging for a twin-charged passenger car engine. Also note that at high engine
speeds when the fixed-ratio supercharger is not operational, a longer transient response is
anticipated which delivers an inconsistent driveability characteristic [135].

Selection of the bypass valve type:
For a positive-displacement fixed-drive-ratio supercharger system, an active supercharger
bypass may be a necessary component to fulfil the function of bypassing the supercharger
when it is not needed if a clutch is fitted and controlling the boost. This is illustrated in Figure
3.14; although throttle control is able to alter the engine torque this incurs generating a
larger amount of driving torque for the supercharger. In addition, an active bypass system
allows linear air control, as seen in Figure 3.15, which is considered to be beneficial for noise
suppression [162]. However, as discussed, adopting an active bypass valve creates extra
complexity for the control system and may require a considerable time for calibration before
the supercharger system can function for all the possible operating regions of the engine.

Although some passive bypass valves can function similarly like active bypass valves by tuning
the action of the valve (Lotus used a passive, boost-capsule-operated bypass, see for
example, the paper by Turner et al. [127]) i.e. the valves open on throttle lifts and idle,
progressively close as the throttle is opened and open partially at peak boost to control the
level reached, they may suffer some fuel consumption penalty at part load. In addition, the
passive bypass valve may not be able to effectively use the supercharger pre-spin strategy,
the operation of which is to close the active bypass valve with the clutch still disengaged to
allow the engine to pump the supercharger rotor speed to approximately 1/3 of the
engagement speed, thereby minimizing engagement time [164].

When boost control is specifically considered, a large amount of intake mass flow recirculates
around the supercharger via the bypass valve at high engine speeds and part load, resulting
in a reduced fuel efficiency; this also affects the intake manifold temperature which may
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trigger knock. Although the reduction of drive ratio mitigates the recirculation phenomenon
at high engine speeds, the low-end torque may suffer.

3.7. Potential trends for mechanically supercharging a
gasoline engine
In order to overcome the deficiencies in the performance and driveability of production
supercharged engines, its development has been continuous. Enhancement of low-end
torque, improvement of transient driveability and reduction of low-load parasitic loss are
three of the major development directions, and there is a degree of coupling between them.
For example, an improved low-end torque also helps the time-to-torque transient
performance.

Low-end torque enhancement:
As mentioned earlier, selecting some ‘low speed compressor’ increases the low-end torque,
because of their capacity to provide a higher pressure ratio (PR) at low engine speeds. For
instance, Meghani et al. [159] replaced the Eaton R-Series R1320 with a new Eaton V-Series
V1270C in their JLR AJ126 3.0L V6 engine. Their test results indicated that even when
equipped with a reduced drive ratio (from 2.483 to 2.472) and with a lower swept volume
the device can deliver a noticeable torque gain at low engine speed. This is mainly due to the
increased volumetric efficiency of the Eaton V-Series device and possibly also enhanced
isentropic efficiency. However, they also pointed out that, with the clutch engaged, because
of the more severe recirculation of the intake mass flow, the fuel consumption increases
rather than decreases at low loads, where an improvement is expected to arise from the
reduction in the drive ratio. Hu et al. [132] studied a similar configuration using a novel
compressor supplied by Honeywell. This compressor was also claimed to have a higher boost
capability at low engine speeds and its peak isentropic efficiency occurred in the low-speed
and low-pressure-ratio area. Their simulation results indicated that by using the same drive
ratio, this novel compressor configuration can increase the low-end torque performance. In
addition, if the same BMEP is maintained, the novel compressor still benefitted from an
enhanced isentropic efficiency which is important in designing a supercharger-turbocharger
system. They also showed that in the Torotrak V-Charge variable drive supercharger system,
this compressor had a better transient response than did a conventional centrifugal
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compressor when the other control parameters were fixed. As such, their findings were in
line with those of Turner et al., who investigated the SuperGen electromechanical
supercharger in a highly downsized compound-charged engine application [135].

Increasing the drive ratio is another option to increase the low-end torque. However, a fixeddrive-ratio unit may not be suitable in this case, as a higher drive ratio will cause more intake
mass flow recirculation at high engine speeds resulting in higher parasitic losses [165]. The
high drive ratio may also mean that the supercharger reaches the over-speed region at a
lower engine speed, therefore, the clutch has to be let out earlier in a compound-charging
systems, which in turn results in less boost assistance at higher engine speeds. Thus, a CVT
might be preferable to adjust the drive ratio for different engine operating points.

Several CVT-driven supercharger applications have been studied and reported in the
literature. They have all been demonstrated to markedly enhance the low-end torque of a
supercharged engine. However, there are also some other trade-offs to be considered. For
example, the research by Rose et al. [163] focused on the relationship between part-load
efficiency and transient response in a highly boosted downsized gasoline engine. Hu et al.
[60] and Turner et al. [52, 57], on the other hand, studied the Turbo-expansion concept (as
can be seen in Figure 2.4) by treating the positive-displacement device as an expander. It was
shown that if a positive-displacement supercharger’s speed can be reduced sufficiently (CVT
preferred), the supercharger moves to an ‘expansion mode’ from its conventional
compression mode, as seen in Figure 3.16. However, the isentropic efficiency of a
compressor in its ‘expansion-mode’ drops significantly to approximately 45%, as seen in
Figure 3.17 [59]. Turner et al. [52] claimed that in simulation (although the later test results
were not realistic [57]), by placing the supercharger at the high-stage of a compound charging
system and over-compressing the turbocharger system by further closing the wastegate
whilst using the supercharger as an expander to reduce the boost pressure after the
supercharger to that required, some BSFC benefits are obtained as some of the otherwise
wasted exhaust energy can be reclaimed directly from the supercharger to the engine. The
combustion efficiency can also be increased as the intake manifold temperature was reduced
by the ‘expansion effect’; this may enable advancement of the spark timing depending on
the increase in the RGF which results from the higher exhaust back pressure. The undesirable
test results finally achieved by Turner et al. [57] were studied by Taitt et al. [58]. They proved
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that for the components used on the investigated engine, it was the low isentropic
efficiencies that prevented the necessary temperature reduction of the inlet charge air.

Improvement in the transient driveability:
First, since a transient clutch engagement event causes some NVH issues, a non-clutch
configuration seems to be an ideal option. However this results in a reduced fuel efficiency
at part load when boost is not needed, because of increased pumping work through the
bypass valve (or the throttle if it is the only control parameter) and larger mechanical losses
via constantly connecting a supercharger with the engine. More importantly, supercharging
a passenger car engine without a clutch can cause the supercharger to over-speed or can
affect its reliability and durability. In this context, a CVT-driven supercharger demonstrates
its advantage as, by altering the CVT ratio, the supercharger rotor speed can be kept within
its prescribed limits, also resulting in fewer parasitic losses at part load. The research by Hu
et al. [132] has proved this. Their simulation results suggested that a clutch may not
necessarily be needed for a CVT-driven centrifugal compressor as, at low load, by reducing
the CVT ratio there was a fuel consumption penalty of only approximately 2% and, at higher
engine speeds, the supercharger was well within the speed limit together with a fuel
consumption of only approximately 0.5% to drive the supercharger constantly.

It should be noted that the CVT-driven supercharger (both positive-displacement and
centrifugal) can also help the boost handover (from supercharger to turbocharger) during
the end of a transient for a twin-charged passenger car engine and mitigate the inconsistent
driveability characteristic at high engine speed when the fixed-ratio supercharger is not
operational [135].

Second, a compressor suitable for generating increased boost at low engine speeds can also
help improve the transient driveability owing to its quicker boost generation ability. A CVT
inherently provides this capability, given that its ratio range is wide enough. For the detailed
analysis of this effect on an engine, it is suggested that the previous section is referred to.

Finally, in this section, some novel mechanisms to provide supercharging are discussed. The
followings are organised by the categories from purely mechanical supercharging to purely
electric supercharging. As this work is focused on mechanical supercharging, electric
supercharging is only briefly introduced to discuss the advantages and deficiencies of a
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mechanical supercharger system compared with its electric counterpart. It should be noted
that, as there is a degree of coupling between the torque capability and the transient
response, the mechanisms discussed below are all beneficial for the low-end torque of the
engine.

The Lontra Blade Supercharger is a variable flow compressor with the ability to meet the
boosting requirements of a heavily downsized engine. Figure 3.18 shows this positive
displacement rotary device with a simple variable inlet port that provides dynamic control of
the air mass flow rate and the internal compression ratio without changing its rotational
speed [167].

The VanDyne SuperTurbo is also an enabling technology for heavily downsizing an engine
without loss of the vehicle transient response and the peak power [149]. This technology,
with its schematic shown in Figure 3.19, can achieve the benefits of turbocharging (via 1-23-4 in the figure) and supercharging (via 6-5-3-4) and turbocompounding (via 1-2-3-5-6) by
uniquely controlling the CVT ratio.

Turner et al. [135] described the performance of the SuperGen device on an extremely
downsized gasoline engine (Ultraboost in Table 3.1, DF = 60%) compared with a fixed-ratio
positive-displacement counterpart (the Eaton TVS R410 used in original development of this
engine [7]). The basis of the SuperGen supercharger is a power-split electromechanical
transmission technology with an epicyclic traction-drive and two small permanent-magnet
motors that provide a fully variable transmission between the engine front-end accessory
drive (FEAD) belt and the high-speed radial flow supercharger impeller (see Figure 3.20). It
should be noted that in the work of Turner et al. the system voltage was 12 V; this is possible
since the energy path into the device is mostly mechanical (some power can be taken from a
battery for transients, but this is only a small proportion of the whole) [135]. It was concluded
in their work that, in steady-state 1000 RPM condition, SuperGen can allow a torque which
is significantly higher by approximately 26.5% than that of its fixed-ratio positivedisplacement counterpart. The transient performance also proved to be superior with an
improvement of approximately 68%. Finally, since it is, in essence, a variable-ratio-drive
device, a better match for the compressor speed was achievable which can provide an
improvement in the fuel efficiency of 1.3% to 4.3% in part-load conditions, owing to
elimination of the recirculation and the wind age losses associated with the Roots blower.
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Some of this improvement was also attributed to the use of a centrifugal compressor, which
the drive mechanism permitted.

Electrical boosting (e-boosting), which is realized by electrically driving a compressor (usually
centrifugal), is able to decouple the boost process from the operating point of the engine. It
is usually used in series with a turbocharger to increase the low-end torque and to reduce
the turbo-lag. Typically an e-booster runs to approximately 1.4 bar-1.6 bar absolute on a
standard 12 V setup within 200 ms–500 ms [169]. For example, the Ricardo’s HyBoost project
(the schematic can be seen in Figure 3.21) showed that by using a 12 V unit, the electric
supercharger could provide boost generation twice as fast as without an electric
supercharger [157]. This is mainly because the higher engine exhaust mass flow, achieved by
the electric supercharger assistance, releases more power to the exhaust, thus accelerating
the turbocharger’s run-up.

It is worth noting that some, if not all, of the energy used to drive the supercharger is
essentially free (on the assumption that it is gathered from regenerative braking by the
alternator and stored in the battery), and this device is able to eliminate completely the
torque dip issue challenging the control strategy. There are also other benefits from
employing such a micro hybrid-type configuration (a total improvement in the fuel
consumption of 12.5% was simulated during the HyBoost programme), including smart
charging, improved stop-start and enhanced torque assistance. However, a potential
drawback is that it is challenging to produce an e-booster that can run continuously owing to
design considerations regarding overheating the motor (if it is high powered) and the subject
of battery depletion in-vehicle during extended periods of operation.

If it can run

continuously and the alternator can supply sufficient power, the round-trip power
transmission losses can then be significant. In this area the SuperGen approach shows merits
since, during steady state operation, all power to the compressor comes into the machine
from the FEAD, and the mechanical energy path through the device (which can transmit a
significant proportion of the power – see Figure 3.20 [135]) should be more efficient, while
the electrical path does not go through the battery.

As voltages are set to increase to 48 V, so the efficacy of such an integrated approach
improves on two levels: greater amounts of regenerative energy can be gathered by the
higher-powered alternator; and the e-booster can generate more air flow and boost for
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longer (due to the greater amount of energy gathered, and assuming the battery has the
capacity to support this). At this point the technology becomes viable in larger and heavier
vehicles.

Employing an e-booster at higher system voltages does assume that original equipment
manufacturers (OEMs) are able to manage the transition from 12 V to 48 V across multiple
engine and vehicle platforms simultaneously. However, in ‘old’ 12 V vehicle platforms
attempting to deploy a 48 V engine platform is not be without its difficulties; extra work on
the electrical system, employing a 48 V sub-net in the engine bay for example, may be
necessary. Again, as an alternative to this a SuperGen-type device, which is voltage agnostic
(because the drive energy is supplied via the FEAD with only limited and occasional draw
from the battery), appears to be an ideal bridging technology to e-boosting as well as a
complete solution to the problem, which is capable of delivering higher boost pressures
because of its mechanical drive path.

As a final point when considering e-booster systems as part of a mild hybrid configuration
with an increased voltage, Aymanns et al. [170] investigated the merit of using the energy
stored in a battery to drive a supercharger versus applying it directly to the wheels via an
electric motor. They reported that, because of the addition of fuel energy to the air supplied
by the e-booster and the subsequent combustion providing increased work to the crankshaft,
e-supercharging could provide approximately 10 times the torque to the wheels that just
using the electrical energy in a motor can. Depending on driving situation, there is thus a
trade-off to be investigated between the two means of utilization of regenerated energy in
a driving cycle or real-world operation of a vehicle.

Reduction in Low-load parasitic losses:
As mentioned above, a supercharger system without a clutch suffers some reduction in fuel
economy in the low-load region. It seems that parasitic losses always exist even though the
drive ratio and the transmission efficiency could be further improved. However, Hu et al. [61]
first proposed a novel concept to eliminate the parasitic losses completely at part load
without the use of a clutch. They extrapolated the test data seen in Figure 3.16 and Figure
3.17 and imported the data into their twin-charged gasoline model. By controlling a CVTdriven unit, it is demonstrated that the conventional throttle control could be replaced by
the CVT ratio control of the supercharger (the supercharger is now in its ‘expansion mode’)
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while still reclaiming some of the throttling losses that are otherwise wasted during the
throttle control. Since no clutch is needed, the NVH issues of supercharging a gasoline engine
are also greatly improved. Other benefits such as the simplified control and the reduction of
the intake manifold temperature can also show their potential. Nevertheless, some major
deficiencies have to be overcome before applying this concept to a production engine. They
include the requirement of a large CVT ratio range (as wide as 30) and consideration of the
condensation effect, which may have some effect on the combustion behaviour. Meghani et
al. [159] tested this concept by adopting a fixed-overall-ratio of 0.74. Four engine operating
points (including 1000 RPM 2.5 bar BMEP, 1500 RPM 8.3 bar BMEP, 1750 RPM 8.3 bar BMEP
and 2000 RPM 5 bar BMEP) were compared. The trends in the results are consistent with the
simulation study by Hu et al, although they used a different Eaton supercharger on their test
engine (Eaton V1270C V-Series). However, they also pointed out that the effect of
supercharger leakage needs to be borne in mind, particularly at low supercharger rotational
speed.

Re-matching a turbocharger to a twin-charged system can also be beneficial for the low-load
parasitic losses. Here the parasitic losses refer to the pumping work incurred by the slightly
higher backpressure in a turbocharged system. Since a supercharger can be used to provide
boost at low engine speed, a larger size of a turbocharger can be selected in a compound
charging system. This not only improves the isentropic efficiency of the turbochargers in the
high-speed and high-load region, but also more importantly reduces the fuel consumption at
part load owing to a reduction in the pumping losses. For example, King et al. [157] stated
that by deploying a larger turbocharger in HyBoost system, an average improvement in the
BSFC of 2% occurs at the key driving-cycle engine speeds and loads.

The Miller cycle, which can be realized by either early (EIVC) or late intake valve closing (LIVC),
is also a viable approach to reduce the low-load parasitic losses (the parasitic losses here
refer to the throttling losses) and the nitrogen oxide (NOX) output in a supercharged gasoline
engine [95-98, 102, 171]. Li et al. [102] tested the performance of EIVC and LIVC operation
for a twin-charged, high-compression-ratio, direct-injection gasoline engine. It was
demonstrated that at a low load (2000 RPM, 4 bar BMEP), the fuel efficiency was better for
EIVC than for LIVC, primarily owing to the reduced throttling losses. Improved fuel-air mixing
and enhanced in-cylinder turbulence strength were also noted in an EIVC operation, which
was consistent with the research by Bozza et al. [99]
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The ‘five-stroke’ internal combustion engine [173-179], which was proposed and patented
by Schmitz, is also a concept to increase the expansion ratio without shortening the
compression ratio. The five-stroke engine consists of two outer high-pressure cylinders
working in conventional four stroke cycle and one inner low-pressure cylinder working in only
expansion and exhaust stroke (see Figure 3.22). By optimizing the geometric compression
ratio of the outer cylinders and the displacement of the inner cylinder, the research by Li T
et al. [173] showed that this concept not only improve the fuel conversion efficiency at the
middle loads and high loads, because of the increased combustion efficiency, the reduced
exhaust energy and the extra expansion work in the inner cylinder, but also can facilitate a
reduced fuel consumption at low loads, where the reductions in the pumping loss and the
exhaust energy are the primary contributions. The fuel consumption of the most frequently
operated conditions were improved by 9-26% in comparison with that of the baseline engine.
However a much higher intake boost was anticipated because of the further downsizing. In
this context, a two-stage system is currently considered as a potential solution, and the novel
supercharging technology discussed in this chapter may be needed in a compound charging
system to provide the additional boost requirement.

3.8.

Future

development

for

a

mechanically

supercharged passenger car engine
Table 2 shows the summary of each assessed technologies from the literature concerning
the development of a mechanically supercharged passenger car engine. It can be seen that
separation of the supercharger speed from the engine speed, improvement of the
compressor isentropic and volumetric efficiency and innovation of the supercharger
mechanism seem to be the potential trends for mechanically supercharging a passenger car
engine and there is a degree of coupling between them.
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Table 3.2. Summary of each technology from the literature concerning the development of
a mechanically supercharged passenger car engine
Future direction
Potential Trends

Low-end torque

Transient driveability

Low-load parasitic loss

enhancement

improvement

reduction

CVT mechanism,

CVT mechanism, SuperGen

CVT mechanism and

Pressure wave

and HyBoost

clutch

Separation of the engine and
supercharger, clutch,
the supercharger speed
SuperGen, Lontra and
HyBoost
Pressure wave

TurboClaw, Honeywell

supercharger,

novel compressor and

TurboClaw, Eaton TVS V-

Eaton TVS V-Series

Improvement in the Isentropic
efficiency
Series, Honeywell novel
compressor, SuperGen
Improvement in the volumetric

Eaton TVS V-Series

Eaton TVS V-Series

Split cycle engine,

Pressure wave

Positive displacement in

Pressure wave

supercharger, SuperGen

low speed and Five

supercharger, SuperGen,

and VanDyne SuperTurbo

stroke engine

Combustion

Advanced control,

Active bypass,

optimization, material

combustion optimization

turbocharger/superchar

innovation

and material innovation

ger matching, advanced

efficiency

Innovation of the Supercharger
mechanism
Lontra and VanDyne
SuperTurbo

Others

control and Miller cycle

From the findings in the literature, it seems that neither purely mechanical nor purely electric
supercharger system is able to provide an ideal performance at high loads in the near future;
this is because of the nature of the direct connection for a mechanical supercharger to the
crankshaft, thus constraining its freedom, and because the e-boosting system currently is not
reliable and durable. A hybrid approach such as SuperGen that features both a mechanical
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and electric path may be a potential trend that bridges the gap between mechanically
supercharging an engine and electrically supercharging an engine. In addition, although the
ratio range of a mechanical variable-drive-ratio supercharger system is not as wide as those
of an electric supercharger system or a hybrid supercharger system, a mechanical variabledrive-ratio supercharger system can also be adopted as a low-cost alternative that enhances
the performance of an engine in the area of both low-end torque and transient behaviour.

The engine displacement of a supercharged engine should be further optimized in order to
satisfy the power requirement of the frequent operating points without the assistance of
boosting devices, in particular when a clutch is fitted. In addition, the low-load parasitic losses
incurred by constantly driving a supercharger system (if a clutch is not installed) is suggested
to be either mitigated by adopting a variable-drive system or offset via the energy that is
reclaimed by the expansion work of a ‘supercharger’ depending on the ratio range. This
approach can also benefit the transient behaviour as the clutch engagement is not required,
thus NVH issues can be largely addressed. Future trends could also include boosting system
matching optimization and a Miller cycle that is able to offset some (if not all) of fuel
efficiency penalty incurred by driving the supercharger from other related technologies. If an
automatic transmission gearbox is considered, a systematic approach that considers the
trade-off between the part-load fuel efficiency and the transient behaviour is another
important area that needs to be noted and optimized.

The development of the isentropic and volumetric efficiencies of the supercharger
compressor itself should be ongoing. In addition, the matching of a supercharger with an
engine, especially when a two-stage compound charging system is considered, should be
evaluated extensively, which must take both devices into account.

In order to achieve the competitive functionality, a suitable control strategy is always a
driving factor. During a transient event, the boost should be triggered from the supercharger
seamlessly that behaves like a NA engine and if a two-stage compound charging system is
considered, the boost should be seamlessly handed over from the supercharger to the
turbocharger after the target is reached. This requires a sophisticated and robust control
module and needs an extensive calibration in order for the system to operate well for the
whole engine operating range. Although a traditional proportional and integral (PI) control
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could be adopted here but a more sophisticated control algorithm such as the neural network
is preferred in the future development [180].

3.9. Chapter summary and conclusions
Mechanically supercharging a passenger car engine is considered to be an alternative or
complementary approach to enable heavy downsizing to be carried out. Since it is directly
driven by the engine crankshaft, the transient performance of an engine boosting system
realized either solely by a supercharger or by a combination of supercharger and
turbocharger is significantly better than that of its turbocharged counterpart. The following
conclusion are drawn from a review of the literature.

1: There are two main types of compressor that are currently adopted in passenger car
engines namely positive-displacement compressors and centrifugal compressors.

2: Some of the current state-of-the-art technologies for mass production downsized
supercharged engines indicate some synergies between the engine and the boosting
machine, i.e. a strong relationship between the downsizing, the driveability and the downspeeding.

3: Enhancement of the low-end torque, improvement in the transient driveability and
reduction in low load parasitic losses are the three development directions for a
supercharger system, among which the adoption of a CVT to decouple the supercharger
speed from the engine speed, improvement of compressor isentropic and volumetric
efficiency and innovation of the supercharger mechanism seem to be the potential trends
for mechanically supercharging a passenger car engine.
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Figures in Chapter 3

Figure 3.1. Eaton TVS R-Series supercharger view. [130]

Figure 3.2. Lysholm screw supercharger. [131]
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Figure 3.3. Torotrak V-Charge mechanism. [132]

Figure 3.4. Principal elements of split cycle engine. [50]
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Figure 3.5. Pressure wave supercharger. [56]
1: rotor housing; 2: rotor; 3: rotary shaft; 4: piston of engine; 5: crankshaft; 6: crankshaft
pulley; 7: rotary shaft pulley; 8: belt; 9: rotor cells; 10: air inlet; 11: air outlet; 12: exhaust gas
inlet; 13: exhaust gas outlet; 14: cylinder of engine; 15: intake passenger; 16: exhaust
passage; E: piston engine

Figure 3.6. Turbocompressors and velocity triangles: Left: conventional backswept; right:
TurboClaw forwardswept. [147]
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Figure 3.7. TurboClaw compressor map for an 85mm rotor. [147]

Figure 3.8. Diametral rotor leakage locations (left) and air leakage between the rotor lobe
tip and rotor housing (right). [130]

Figure 3.9. Leakage between rotors and end plates. [130]
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Figure 3.10. Illustration of the characteristic values. [152]
Delay time: the time between the first change in pedal position and the first change in the
acceleration trace;
Acceleration: the peak value of the initial acceleration phase;
Jerk: the value of the initial acceleration divided by the duration of the initial acceleration.

Figure 3.11. Comparative analysis of transient vs steady state engine torque delivery for a
turbocharged engine: Mt achieved after 5 seconds in different gears vs steady state. [154]
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Figure 3.12. Supercharger input torques for tip-in simulations in the supercharger-engaged
regime, the supercharger disengaged regime and for a CVT-driven supercharger regime.
[163]
CVT: continuously variable transmission; SS: steady-state ratio; w/EGR: without exhaust gas
recirculation; SC: supercharger.

Figure 3.13. BMEP response for tip-in simulations of the supercharger engaged regime and
the CVT-driven supercharger regime, showing the effect of the initial steady-state CVT ratio.
[163]
For reference, the BMEP target, 90% of the BMEP step demand (i.e. full load), and the
equivalent BMEP for the baseline experimental results are also shown.
BMEP: brake mean effective pressure; CVT: continuously variable transmission; SS: steadystate ratio; w/EGR: without exhaust gas recirculation; SC: supercharger.
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Figure 3.14. Effect of bypass valve control. [162]

Figure 3.15. Throttle valve and bypass valve motion. [162]

Figure 3.16. Pressure and expansion ratio of the Eaton R-Series R410 supercharger versus
mass flow. [59]
RPM: revolutions per minute; SC: supercharger.
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Figure 3.17. Total to total isentropic efficiency of the supercharger operating as a
compressor and expander. [59]
RPM: revolutions per minute; SC: supercharger.

Figure 3.18. Lontra Blade Supercharger. [73]
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Figure 3.19. The VanDyne SuperTurbo [168]
1: exhaust manifold; 2: uniquely designed turbine; 3: high speed drive; 4: matched
compressor; 5: continuously variable transmission; 6: engine interface

Figure 3.20. Power-split electromechanical transmission system of the SuperGen
supercharger. Approximate power flow is shown for a mid-load condition. [135]

Figure 3.21. HyBoost concept scheme. [157]
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Figure 3.22. Three cylinder 5-stroke engine. [175]
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Chapter 4 – Modelling methodology

This chapter will present a modelling and calibration theory foundation for study in the
following chapters. It mainly includes three sub-sections, namely engine modelling
introduction and calibration, engine control theory and tuning, and in-vehicle modelling, each
of which has been put into practice by demonstrating a case study.

Parts of the comparison, discussion and conclusion in this chapter have been published in the
form of a review article in the Proceedings of Institution of Mechanical Engineer, Part D:
Journal of Automobile Engineering.
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4.1. Engine modelling
4.1.1. Introduction
Engine modelling is widely adopted in the engine design and development process. It can
either speed up the time frame from conception to birth for a specific technology in an engine
or predict some engine parameters (such as residual gas fraction and trapping ratio) that are
difficult or impossible to measure in experiments. Several types of engine modelling
approaches are available, which include black box model, mean value model, 1-D model, fastrunning model and multi-dimensional model. These tools, which form a spectrum of
computational time and prediction accuracy, can be used for different objectives [11]. In this
work, only the 1-D model and fast-running model (FRM) will be detailed, considering that (a)
a high-fidelity 1-D engine model has been supplied in this project, and (b) an FRM model can
be easily converted from a 1-D model. The mean value model will also be introduced, mainly
for the purpose of comparison with the 1-D model.

A mean value model uses only simplified look-up maps to characterise the cylinder air flow
and distribution of fuel energy without predicting the breathing and combustion processes.
This approach is usually used for in-vehicle simulation or control system design when a fast
computational time is required, and when a detailed characterisation of engine processes is
considered not as important. Typically, three quantities are needed in the mean value model,
including: volumetric efficiency, which is used to calculate the air mass flow rate that enters
into the cylinder; indicated efficiency, which mainly describes the proportion of the fuel that
can be converted to the work; and exhaust energy fraction. The maps-based characteristic of
a mean value model and its fast computational time are ideal for an artificial neural network
that allows the user to define outputs as a function of multiple inputs by training a large
number of data sets (usually conducted by a design of experiment (DOE)). When a mean
value is determined to be used, several aspects need to be considered. The range of engine
parameter inputs, such as air fuel ratio, that are used to determine the characteristics of a
mean value model need to cover the whole operating range, especially if a transient
operation is to be conducted [181]. In addition, due to the fact that a valve model is not
needed, and also because the intake and/or exhaust system is usually lumped into a larger
equivalent volume in a mean value model, the pressure loss and heat transfer in the intake
and exhaust system is required to be re-tuned. For the engine operating points with large
scavenging (usually at high load, low engine speed), a trapping ratio is also required to be
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estimated, or measured in experiments; this accounts for the blow-through flow that
otherwise would not have been considered in the mean value model. Finally, if the mean
value model involves a turbocharger, the pulse flow in a detailed dynamic engine model or
in a test will not be captured, due to the maps-based characteristics of the model. Thus, a
pulse efficiency multiplier and pulse mass multiplier need to be calculated and defined in the
mean value model.

A 1-D engine code (such as GT-Power) solves the Navier-Stokes equations – namely, the
conservation of continuity, momentum, and energy equations - in one dimension for the flow
in the piping system of the engine, and uses simplified models, maps and look-up tables for
other critical parts such as valves, turbocharger, cylinder, friction, and combustion. Due to
the assumptions and extrapolation approaches made, the 1-D engine model usually requires
extensive calibration against the measured data in a test cell [24]. In GT-Power, the whole
system is discretised into many volumes that are connected by boundaries. In each volume,
the rate of the change of mass equals the sum of mass flux in and out; the rate of change of
energy equals to the sum of energy transfer in and out; and the rate of change of momentum
is equal to the net pressure forces and wall shear forces in a system plus the net flow of
momentum in and out. The scalar variables, such as pressure, temperature, density, internal
energy, enthalpy, and species concentration are assumed to be uniform over each volume.
The vector parameters, such as mass flux and velocity, are calculated for each boundary
[181].

Fast-running models are designed to run the simulation in the order of real-time, without
largely affecting the predictive capabilities in the model. They are intended to be used on
system-level simulations, such as coupling a relatively detailed engine model with an
integrated vehicle to study the fuel consumption in a specific driving cycle, or comparing the
transient response for different boosting systems. Essentially, this approach is accomplished
by reducing the complexity of a detailed engine model, by combining pipes and flow-splits
into flow-splits with larger volumes, while retaining the cylinder, valve, and ports parts. Since
only a few sub-volumes remain in the model, and since a larger time steps are usually a
default setting, the engine run-time will be significantly reduced. Although this method
cannot capture higher frequency wave dynamic content, a high level of fidelity of the low
frequency and primary engine order dynamics is maintained, which is normally of interest to
transient simulations.
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4.1.2. Combustion description and validation
The proper calibration of the combustion model is critical and is usually the first step to
achieving a well-calibrated and predictive engine model. In GT-Power, two-zone combustion
applies to almost all combustion models. The burned and unburned air-fuel mixtures are
trapped in the burned and unburned zones, respectively. The pressure distribution in the
whole combustion chamber is homogeneous, whereas the temperatures in the two zone are
modelled separately. In the two-zone model, the following energy equations are solved
separately for each time step in each zone:

Unburned zone:
𝑑(𝑚𝑢 𝑒𝑢 )
𝑑𝑡

= −𝑝

𝑑𝑉𝑢
𝑑𝑡

𝑑𝑚𝑓

− 𝑄𝑢 + (

𝑑𝑡

ℎ𝑓 +

𝑑𝑚𝑓,𝑖
𝑑𝑚𝑎
ℎ𝑎 ) + 𝑑𝑡 ℎ𝑓,𝑖
𝑑𝑡

4.1

Where:
𝑚𝑢

Unburned zone mass

𝑉𝑢

Unburned zone volume

𝑚𝑓

Fuel mass

𝑄𝑢

Unburned zone heat transfer rate

𝑚𝑎

Air mass

ℎ𝑓

Enthalpy of fuel mass

𝑚𝑓,𝑖

Injected fuel mass

ℎ𝑎

Enthalpy of air mass

p

Cylinder pressure

ℎ𝑓,𝑖

Enthalpy of injected fuel mass

Burned zone:
𝑑(𝑚𝑏 𝑒𝑏 )
𝑑𝑡

= −𝑝

𝑑𝑉𝑏
𝑑𝑡

𝑑𝑚𝑓

− 𝑄𝑏 − (

𝑑𝑡

ℎ𝑓 +

𝑑𝑚𝑎
ℎ𝑎 )
𝑑𝑡

4.2

Where subscript ‘b’ denotes burned zone.

Basically, three types of combustion model are available in GT-Power: non-predictive, semipredictive, and predictive. Although they all can be applied to a given engine, it is important
to understand when and how to use these models.

A non-predictive combustion model simply defines a burn rate as a function of crank angle
regardless of the conditions, such as pressure and temperature, in the cylinder, as long as
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there is enough fuel available to support the burning. This model may be appropriate if the
intended use is to investigate a parameter of an engine that has little or no effect on the burn
rate. To a spark-ignition engine, specifically, a non-predictive combustion model is prescribed
in the simulation, either in combustion profile or Wiebe model format, both of which can be
calculated from the cylinder pressure. In the following, a spark-ignition Wiebe model is
detailed, followed by the methodology of calculating burn rate from measured cylinder
pressure.

The spark-ignition Wiebe function approximates the shape of an SI burn rate using a Wiebe
function. This approach is reasonable for most situations if measured cylinder pressure is not
available, and can be used to set up a semi-predictive combustion model if the combustion
data of a range of engine operating points are available. The Wiebe equations are given
below:
𝐵𝑀𝐶 = − ln(1 − 𝐵𝑀) Burned midpoint constant

4.3

𝐵𝑆𝐶 = − ln(1 − 𝐵𝑆) Burned start constant

4.4

𝐵𝐸𝐶 = − ln(1 − 𝐵𝐸) Burned end constant

4.5

𝑊𝐶 = [

𝐷
1⁄
1⁄
𝐵𝐸𝐶 (𝐸+1) −𝐵𝑆𝐶 (𝐸+1)

]

−(𝐸+1)

Wiebe constant

4.6

Start of combustion

4.7

1

𝑆𝑂𝐶 = 𝐴𝐴 −

⁄
(𝐷)(𝐵𝑀𝐶) (𝐸+1)
1⁄
1⁄
𝐵𝐸𝐶 (𝐸+1) −𝐵𝑆𝐶 (𝐸+1)

Where:
AA

Anchor angle

D

Duration

E

Wiebe exponent

CE

Fraction of fuel burned

BM

Burned fuel percentage at anchor angle

BS

Burned fuel percentage at duration start

BE

Burned fuel percentage at duration end

Burn rate calculation
𝐶𝑜𝑚𝑏𝑢𝑠𝑡𝑖𝑜𝑛(𝜃) = (𝐶𝐸) [1 − 𝑒 −(𝑊𝐶)(𝜃−𝑆𝑂𝐶)

(𝐸+1)

]

4.8

Where:
𝜃

Instantaneous crank angle
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Calculating a burn rate from a cylinder pressure trace is referred to as a ‘reverse run’ in this
work, compared to the normal operation, which is determining the cylinder pressure using
the burn rate as an input. Both forward and reverse run calculations use all the same
equations described in the two-zone combustion methodology, and there are no
assumptions that are only applied to the reverse run. In GT-Power, two approaches are
available to calculate the burn rate from a measured cylinder pressure trace. The first one is
termed ‘stand-alone burn rate calculation’, and the second is often named ‘three pressure
analysis (TPA) burn rate calculation’.

The stand-alone burn rate calculation methodology essentially determines the burn rate by
using only the cylinder pressure data, either from a single cycle or an assembled average and
a few cycle-averaged parameters, together with the engine cylinder geometry. This
approach, compared to the TPA discussed below, is advantageous to save computational
time and can be cost-effective, due to the fact that only one measured instantaneous
pressure trace is required. However, this approach requires the estimation of some
parameters that are difficult or impossible to measure in experiment, such as trapping ratio
and residual gas fraction. In this work, the combustion calibration will be mostly based on
this methodology, considering that a high-fidelity 1-D engine model has been supplied in this
project which can be used to predict the trapping ratio and residual gas fraction, and also
because, at the time of writing, only a cylinder pressure trace is available.

A TPA burn rate calculation requires three measured pressure traces, including intake,
cylinder, and exhaust - hence the name three pressure analysis. This approach uses a
relatively detailed engine model (including valve and port) compared to the stand-alone burn
rate calculation methodology discussed above; thus, there is no need to estimate the
trapping ratio and residual gas fraction. Note that in a standard TPA model, when the valves
are closed, pressure fluctuations may be ‘spuriously’ generated within the ports. It is
desirable to reduce the magnitude of these fluctuations caused by reflections during the
valve-closed period, so that the predicted pressure behaviour within the port is as close to
the measured behaviour as possible [182]. In addition, the discretisation length should be
reduced to minimise the possibility of unwanted noise in the pressure signal generated.
Before imposing the raw measured pressure data on the model described above, it is usually
required that some pegging routines are conducted. This is mainly due to the shift of
measured combustion phasing and the error that occurs to convert the measured signal into
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an absolute pressure in experiment. For the incorrect pressure phasing problem, the crank
angle difference between the measured and calculated cylinder peak pressure is often used
as a shift offset. In terms of the cylinder pressure correction, the recommended pegging
routine to correct the cylinder pressure is by setting the cylinder pressure at IBDC equal to
the average intake pressure.

It is often the case that the measured and calculated cylinder pressure trace differs, even
though a standard combustion data calibration procedure is performed. This might be
attributed to the incorrected compression ratio in the supplied model, due to the stack-up
of the tolerances in each component (even if they are all within specified tolerances). The
method to check this inconsistency is to look at the cylinder pressure in the compression
stroke to see whether the measured and calculated pressure traces are overlapped. The
cylinder heat transfer could also have a significant effect on the calculated burn rate,
especially if an incorrect estimation of the heat transfer coefficeint is applied during the
power stroke.

Semi-predictive combustion models utilise a set of non-predictive burn rates as a function of
some engine significant variables (i.e. engine speed, intake manifold pressure, residual gas
fraction, etc.). This will allow the combustion model to change the ‘shape’ of the burn rate in
different operating conditions, without significant central processing unit (CPU) penalty
when compared to some predictive models. For a spark-ignition engine specifically, if only
full-load simulation is to be conducted, the three terms of the Wiebe function (50% burn
duration, 10-90% duration and exponent) will be interpolated from the look-up tables, which
calculate the corresponding terms based on the engine speed. However, if a larger range of
engine operating points is considered, an artificial neural network may have to be introduced
to train the behaviour of the engine characteristics, using a representative set of data.

Predictive combustion models will take the cylinder’s geometry, spark locations and timing,
air motion, and fuel properties into consideration and an extensive calibration is usually
needed to tune the model. Nevertheless, once the model is well-calibrated, based on the
measured data, the effects of cylinder geometry and spark timing on the combustion
behaviour can be analysed.
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Considering that the engine hardware is available in this project, the burn rate could be
calibrated by obtaining the combustion data from the experiments and also due to the fact
that the control parameters only vary in a limited range, some non-predictive combustion
models are utilised in this work to set up a semi-predictive combustion model. This should
give some reasonable accuracy to the model, which allows it to have some capability to
predict without a significant computational time penalty.

4.1.3. Turbocharger modelling
Turbomachinery performance maps:
Zero-dimensional turbocharger performance maps are often utilised by some advanced 1-D
gas dynamic engine simulation code (like GT-Power in this work). Typically, the ‘speed line’
map should consist of several sets of mass flow rate, pressure ratio, and thermodynamic
efficiency. It might be worth noting that the data point with the lowest mass flow rate for
each speed line of a compressor map is assumed to be on the surge line, and peak efficiency
data must be included at each turbine speed line so that the data can be fitted to a curve
that will allow the extrapolation of the test data (as detailed later in this section).

Each compressor and turbine map data set must be corrected to account for changes in
temperature, pressure and compositions. Typically, a compressor map is corrected to a
common reference temperature and pressure (usually 298K and 1bar). The equation to
correct the engine speed and mass flow rate can be seen below:
𝑅𝑃𝑀𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑒𝑑 =

𝑅𝑃𝑀𝑎𝑐𝑡𝑢𝑎𝑙
⁄ 𝑇𝑖𝑛𝑙𝑒𝑡−𝑡𝑜𝑡𝑎𝑙
√𝑇

4.9

𝑟𝑒𝑓𝑒𝑟𝑒𝑛𝑐𝑒

𝑇𝑖𝑛𝑙𝑒𝑡−𝑡𝑜𝑡𝑎𝑙

𝑚̇𝑐𝑜𝑟𝑟𝑒𝑐𝑡𝑒𝑑 = 𝑚̇𝑎𝑐𝑡𝑢𝑎𝑙 ×

√𝑇

𝑟𝑒𝑓𝑒𝑟𝑒𝑛𝑐𝑒

⁄𝑃

𝑖𝑛𝑙𝑒𝑡−𝑡𝑜𝑡𝑎𝑙

4.10

𝑃𝑟𝑒𝑓𝑒𝑟𝑒𝑛𝑐𝑒

Figure 4.1 shows a typical corrected compressor map with ‘ideal’ straight bell-mounted inlet
and vehicle inlet system. This indicates that when a dyno or vehicle inlet and charge air
system is fitted, the compressor characteristic can be dramatically changed, which will affect
the engine/turbocharger performance and their interactions.

Turbine maps, due to the significantly different reference conditions, are usually ‘reduced’
to ‘remove’ the effects of the inlet temperature and pressure on their performance. This
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approach is quite convenient, as any two turbine maps could be compared without looking
at the reference conditions. The formula to reduce the turbine maps can be seen in the
following:
𝑅𝑃𝑀𝑟𝑒𝑑𝑢𝑐𝑒𝑑 =
𝑚̇𝑟𝑒𝑑𝑢𝑐𝑒𝑑 =

𝑅𝑃𝑀𝑎𝑐𝑡𝑢𝑎𝑙
√𝑇𝑖𝑛𝑙𝑒𝑡−𝑡𝑜𝑡𝑎𝑙

𝑚̇𝑎𝑐𝑡𝑢𝑎𝑙√𝑇

𝑖𝑛𝑙𝑒𝑡−𝑡𝑜𝑡𝑎𝑙

𝑃𝑖𝑛𝑙𝑒𝑡−𝑡𝑜𝑡𝑎𝑙

4.11
4.12

It might be worth noting that the ratios of specific heats and gas constants should also be
considered if different compositions at different inlet temperatures are passing through the
turbine. For spark-ignition engines specifically, when the engine is operating at large
scavenging (i.e. rich air/fuel ratio), or a low-pressure turbine in a two-stage turbocharging
configuration is considered, corrections for the ratios of specific heats and gas constants
should be conducted by using the following terms multiplied by the reduced speed and
reduced mass flow rate, respectively.
𝛾 𝑅

√ 𝛾𝑅𝑅𝑅
𝑎 𝑎

𝛾 𝑅

√𝛾𝑎 𝑅𝑅

𝑅 𝑎

4.13
4.14

Where:
𝛾𝑅

Reference ratio of specific heats

𝛾𝑎

Actual ratio of specific heats at the inlet of the turbine

𝑅𝑅

Reference gas constant

𝑅𝑎

Actual gas constant at the inlet of the turbine

Turbocharger shaft modelling:
The most two important attributes for a turbocharger shaft are inertia and mechanical
efficiency. The shaft inertia should represent a total of rotational inertia of the turbine wheel,
compressor wheel, and shaft, and this attribute has a larger effect on the transient response
than the steady-state performance. However, in order to run the steady-state simulation
with the least number of engine cycles, artificially manipulating the turbocharger inertia is
allowed in GT-Power. The recommended routine to optimise a turbocharger’s inertia is to
make the inertia multiplier quite high (usually around 100) for the first three to four engine
cycles, so that the speed of the turbocharger does not drop while the velocity in the
manifolds is developing. Then, the inertia multiplier could be made very low (usually around
0.01) to allow it to reach the convergence as quickly as possible within 10 to 15 engine cycles.
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After that, the inertia multiplier should be returned to 1, in order to avoid diminishing returns
and excess speed fluctuations.

Most turbocharger suppliers lump the bearing friction in the turbine efficiency map, though
sometimes this is not explicitly stated [181]. This is mainly due to the fact that a
recommended gas stand test procedure (such as the one from SAE) describes the process
wherein the turbine efficiency is using the actual total enthalpy rise of the compressor stage
divided by the isentropic enthalpy drop across the turbine stage multiplied by mechanical
efficiency (see equation below). By doing this, the bearing friction is combined into the
turbine isentropic efficiency map. This method should be valid when the turbine inlet
temperature is reasonably close to the condition of the gas stand test. The SAE specification
recommends the inlet temperature for an SI engine is 900 degrees Celsius +/- 20. At part
load, where the inlet temperature is significantly lower, some explicit model should be
utilised to account for the temperature change on the friction.

𝜂𝑡 =

𝐶𝑃,𝑐𝑜𝑚𝑝 ×(𝑇0,𝑜𝑢𝑡 −𝑇0,𝑖𝑛 )𝑐𝑜𝑚𝑝
𝛾−1
𝛾
1
1
𝜂𝑚𝑒𝑐ℎ ×(1+𝐴 )×𝐶𝑃,𝑇𝑢𝑟𝑏 ×𝑇0,𝑖𝑛,𝑡𝑢𝑟𝑏 ×[1−(
)
]
𝑃𝑅𝑡
⁄𝐹

4.15

Compressor map extrapolation:
The measured compressor map is extrapolated by some built-in algorithm in GT-Power. To
be more specific, the surge line is linearly interpolated with the measured lowest mass flow
rate for each speed line, and then extrapolated between a newly-added 0.0 RPM speed line
with a pressure ratio of 1.0 and a mass flow rate of nearly 0.0 and the imposed lowest speed
line, by complying with the scaling laws of turbomachinery wherein the mass flow rate is
proportional to the speed and the pressure ratio is proportional to the square of the speed.
In addition, GT-Power extrapolates each speed line to a pressure ratio of 1.0 by linearly
extrapolating the mass flow rate, but taking choke into consideration to avoid unrealistic
extrapolated mass flow. The efficiency on the line of 1.0 pressure ratio is usually set to be
20% with the other extrapolated efficiency developed using a built-in algorithm in GT-Power.

Turbine map extrapolation:
The turbine map fitting method in GT-Power is much more complicated than the
extrapolation method used for a compressor. It is based on normalisation of efficiency, blade
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speed ratio (BSR), and mass flow parameters by their values at maximum efficiency for all
speed lines (see Figure 4.2). The rationale behind this is that the data points of mass flow and
efficiency for all speed lines will end up being on a single line, thus allowing the extrapolation
to be done by fitting a single curve on respective mass flow and efficiency against blade speed
ratio plots [184].

The fitting approach firstly identifies the pressure ratio, blade speed ratio and, mass ratio of
the maximum efficiency point for each speed line. The blade speed ratio and the mass ratio
equation are shown below.
𝑈

𝐵𝑆𝑅 = 𝐶

4.16

𝑠

𝑈=

𝜋𝐷𝑁
60

(𝐵𝑙𝑎𝑑𝑒 𝑡𝑖𝑝 𝑠𝑝𝑒𝑒𝑑)

𝐶𝑠 = [2𝐶𝑝 𝑇𝑖𝑛 (1 − 𝑃𝑅

1−𝛾
𝛾

)]

1⁄
2

(Isentropic speed)

∅

𝑚𝑎𝑥
𝑀𝑎𝑠𝑠 𝑅𝑎𝑡𝑖𝑜 = 𝑀𝑎𝑥∅

𝑚𝑎𝑥

4.17
4.18
4.19

Pressure ratio and mass ratio curves are fitted against the speed parameter, so that they give
every pressure ratio an estimated speed parameter and mass ratio. Hence, ∅𝑚𝑎𝑥 is made
available for each data point in the turbine map. This will be used to calibrate the mass flow
ratio (MFR) defined below.
𝑀𝐹𝑅 =

∅
∅𝑚𝑎𝑥

4.20

Similarly, BSR ratio could be obtained by the following fitting and calculation process. The
normalised efficiency is determined by the equation below.
𝐵𝑆𝑅

𝑚𝑎𝑥
𝐵𝑆𝑅 𝑅𝑎𝑡𝑖𝑜 = 𝑀𝑎𝑥𝐵𝑆𝑅

𝑚𝑎𝑥

𝐵𝑆𝑅

𝐵𝑆𝑅𝑛𝑜𝑟𝑚 = 𝐵𝑆𝑅

𝑚𝑎𝑥

𝜂𝑛𝑜𝑟𝑚 = 𝜂

𝜂

𝑚𝑎𝑥

4.21
4.22
4.23

At this stage of the procedure, the mass flow ratio and the normalised efficiency should be
lining on single lines against normalised blade speed ratio, in order for the extrapolation to
be carried out. A curve is fitted to the mass flow ratio against the normalised blade speed
ratio plot using the following equation.
𝑚
𝑀𝐹𝑅 = 𝑐𝑚 + 𝐵𝑆𝑅𝑛𝑜𝑟𝑚
(1 − 𝑐𝑚)

4.24
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The normalised efficiency is fitted to two curves for normalised low-blade speed ratios
(𝐵𝑆𝑅𝑛𝑜𝑟𝑚) < 1) and normalised high blade speed ratios (𝐵𝑆𝑅𝑛𝑜𝑟𝑚 ≥ 1) as follows:
𝜂𝑛𝑜𝑟𝑚 = 1 − (1 − 𝐵𝑆𝑅𝑛𝑜𝑟𝑚) 𝑏 (𝐵𝑆𝑅𝑛𝑜𝑟𝑚 < 1)

4.25

𝜂𝑛𝑜𝑟𝑚 = 1 − 𝑐(𝐵𝑆𝑅𝑛𝑜𝑟𝑚 )2 (𝐵𝑆𝑅𝑛𝑜𝑟𝑚 ≥ 1)

4.26

𝑍0 = 1 +

1
√𝑐

4.27

Where
N

Turbine speed (RPM)

D

Diameter (m)

𝑇𝑖𝑛

Inlet temperature (K)

𝐶𝑝

Specific heat at constant pressure (J/kg/K)

𝛾

Ratio of specific heats

∅𝑚𝑎𝑥

The mass flow rate at maximum efficiency point

𝑀𝑎𝑥∅𝑚𝑎𝑥

The largest of mass flow rate for all speed lines

cm

Intercept of the curve at 0.0 𝐵𝑆𝑅𝑛𝑜𝑟𝑚

m

Exponent coefficient

b

Constant to control the curve of the low 𝐵𝑆𝑅𝑛𝑜𝑟𝑚 efficiency fit

𝑍0

Intercept

Tracing back to the methodology used to extrapolate the turbine performance map, it is safe
to say that extending the range of the experimental data may be needed, in order to ensure
the accuracy of the simulation. Any data which is out of the test data range should be used
with caution, as this might cause turbocharger or engine performance to deviate from the
real world.

4.1.4. Supercharger modelling
The compressor modelling of a supercharger is similar to that of a turbocharger. The most
significant difference between the two is the manner of the friction that occurs. Unlike the
traditional turbocharger compressor whose shaft mechanical efficiency is often lumped into
the turbine efficiency map, the supercharger compressor shaft mechanical efficiency should
be explicitly modelled, either by imposing a power or torque template which extracts the
mechanical loss from the supercharger system, or via estimating a mechanical efficiency. In
the recent GT-Power version, a new compressor template could be utilised to account for
97

the mechanical losses in a supercharger system. It, unlike a standard compressor
performance map, which consists of four sets of data (speed parameter, mass flow rate,
pressure ratio, and isentropic efficiency), features additional total shaft power data, which is
used to determine the total power needed to drive the supercharger at the corresponding
speed and pressure ratio. It might be worth noting that this template is useful when an
‘overblown’ effect (i.e. when the inlet pressure is larger than the outlet) is to be investigated.

4.1.5. Scavenging modelling
Although the cylinder scavenging modelling had only been carried out for two-stroke
engines, in some cases, it might still be required for four-stroke engines, to represent the real
flow characteristics. Typically, for a four-stroke engine model, there is no scavenging model
used by assuming the gases in the cylinder are homogeneously mixed. Nevertheless, from
experiments or from some computational fluid dynamics (CFD) calculations, it is seen that
the gas flow characteristics during the intake and exhaust valve overlap could be visualised
using Figure 4.3. A mathematical model is built on this by using the relationship between
cylinder residual ratio and exhaust residual ratio during the intake and exhaust valve overlap.
The cylinder residual ratio is the ratio of burned gas mass in the cylinder to all gas mass in
the cylinder, and the exhaust residual ratio is the ratio of burned gas mass exiting the cylinder
to all gas mass exiting the cylinder. Figure 4.4 shows a pre-defined ‘S-shape’ scavenging
function to mimic a real scavenging process, by allowing the exhaust residual ratio to
decrease slowly during the first part of the scavenging and then to drop rapidly when the
time progresses to the end of the scavenging. This approach is useful to model the scavenging
effect at low engine speed and high load and can improve the accuracy of a knock model, as
the residual gas fraction could have a significant effect on the knock sensitivity. However, in
order to simulate the real scavenging process, a considerable amount of time is needed to fit
the ‘S-shape’ function by conducting the CFD calculations. This might not be possible for the
early stage of the development process, especially with the consideration that for every
single engine operating point, the scavenging process is different.

4.1.6. Case Study: V-Charge engine model validation
In the following, the V-Charge engine model (see Figure 4.5) will be validated using the
experimental data from test cell 3 at the University of Bath. The selected engine operating
point in this work is 1000RPM and 130Nm, but a similar process has been conducted in other
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operating points. A high-fidelity engine model was supplied in this project, but as the
supercharger and turbocharger maps were not the same as in the original model, and due to
the engine operating points being outside of the validated range, a relatively extensive
calibration is still required.

Firstly, the engine combustion model was calibrated using the stand-alone burn rate
calculation methodology discussed above. This approach was performed over a standard TPA
method, as only the cylinder instantaneous pressure sensor was installed in the engine.
However, as the air trapping ratio and the residual gas fraction could be predicted using the
supplied engine model, the calibration should still be valid.

The required averaged engine parameters - including air volumetric efficiency, injected mass
per cycle, and injection timing, etc. - and the cylinder geometry data were derived from the
test. The air trapping ratio and the residual fraction at intake valve closing (IVC) were
predicted from the supplied engine model. The measured data was pegged before imposing
onto the measured cylinder pressure analysis object. Figure 4.6 shows the measured and
simulated cylinder pressure at the corresponding engine operating point. It can be seen that
the cylinder pressure trajectory at both the compression stroke and the power stroke fits
well.

The combustion profile was then imposed on the original model with only the boundary
conditions (the supercharger and the turbocharger template were deleted) in order to
calibrate the valve timing, valve lash, and valve discharge coefficient. After the mass air flow
was matched, the supercharger and the turbocharger compressor were added to calibrate
its behaviour, followed by the calibration of the exhaust system. Note that no coefficient
multiplier was used for the boosting systems, which indicates the robustness of this engine
model on predicting.

Figure 4.7 and Figure 4.8 show the supercharger and the turbocharger maps, which are well
within the data imposed. The simulated turbocharger was on the surge line, which was in line
with the observations in the experiment. Table 4.1 following, shows the comparison between
the test and the simulation for some important parameters in the engine.
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Table 4.1. The comparison between the test and the simulation
1000RPM 130N*m

Test

Simulation

Mass air flow (kg/h)

67.9

67.9

Injected mass per cycle (mg/cycle)

48.9

48.9

Supercharger PR

1.10

1.13

Turbocharger PR

1.48

1.47

123,200

124,902

130.3

130.1

Turbocharger shaft speed (PRM)
Engine torque (N*m)

4.2. Control modelling and calibration
4.2.1. Control introduction
Proper control logics in the engine’s electronic control unit (ECU) are of importance to
achieving the requirements of fuel efficiency, emission standards, and driveability
performance. In this section, control modelling in a spark-ignition engine will be introduced,
followed by a detailed model build-up for the boost pressure control of a superchargerturbocharger two-stage gasoline system.

The tasks of an ECU are receiving signals from a number of sensors (such as pedal and speed
sensors), interpreting the information, and determining a suitable control actions based on
pre-defined codes or maps. Typically, the control strategy varies significantly for different
engine platforms, and most of them are quite complex, which could involve thousands of
pages of code just for interpretation purposes [185]. Nevertheless, the control principle for
a spark-ignition engine is not that difficult to understand, and the control algorithm behind
the code is not so ‘advanced’ that it requires the knowledge of some sophisticated control
theories. In the following, some general control methodologies are introduced.

For a gasoline engine, the two most important variables that define the engine operating
points are engine speed and load. The engine speed can be directly measured by a speed
sensor, but the engine load can only be expressed by air mass flow rate (or volumetric
efficiency, relative air charge) or by some models that take intake pressure, temperature,
and engine breathing characteristics into consideration. It might be worth noting that, unlike
diesel engines, whose loads are controlled by fuel quantity, the loads of gasoline engines are
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regulated by the airflow into the cylinder. This is because a full homogeneous mixture of fuel
and air is required before combustion, in order to fully take advantage of the three-way
catalyst to protect the environment.

Traditionally, a number of engine control actions (such as fuel injection and thermal
management) have been seen as a passive system. However, in recent years, with the push
for better fuel economy/improved emissions and the development of the component
technology, a number of actuators that can actively modulate the engine performance have
emerged. Among all the active components that have already been installed in a production
gasoline engine, direct injection should be emphasised due to its benefits in fuel
consumption and system stability. The DI technology, unlike its carburettor predecessor, has
the capability to precisely control the fuel injected, thus improving fuel efficiency. It can also
combine with some other technologies, such as the augmentation of the geometric
compression ratio and the stratified approach, to further enhance an engine’s fuel
performance at frequently used areas of low-load engine operation. The disadvantages of
utilising active components are its cost along with the possibility that the increased control
complexity might need extensive tuning in the later calibration process.

4.2.2. Feedback control
Although there are many feedback control theories available, for an automotive application,
the most widely used control strategy is Proportional-Integral-Derivative (PID) control, due
to the fact that this control strategy is well understood by powertrain calibrators and is
therefore, in principle, easy to implement.

PID controllers are based around minimising the error between a given set-point value and a
measured feedback term by applying a control action to the system, which is determined
based on the error (see Figure 4.9). It might be worth noting that the derivative loop in a
standard PID controller is typically not required for an automotive application for the
following two reasons:



The function of a derivative loop is usually replaced by a feed-forward map control;



Tuning of the derivative term can be quite challenging and an improper calibration will
amplify the noise in the feedback that may tend to cause oscillatory behaviour.
101

Proportional-Integral (PI) control in practice is not that simple to implement, especially if two
or more PI controllers that regulate two or more interdependent engine parameters are
applied in one engine system. To avoid two controllers fighting each other and causing
unstable operation of the engine, some enhancements are required (an example is detailed
in the second case study below). Also, an optimal gain in a PI controller that is ideal for one
engine operating point might be inappropriate for another, resulting in slow response of an
oscillatory behaviour. A common approach to deal with this is called gain scheduling, where
the controller gains are altered according to the engine speed and load operating point.

Integral wind-up is also a problem in a PI controller. An example (see Figure 4.10) is given to
illustrate this effect on the control behaviour. Imagine the scenario where the target is higher
than that can be achieved by the actuator. The integrator will wind-up and produce poor
response on the subsequent change of set-point.

In this work, both the back-calculation method and clamping approach have been considered
in terms of avoiding integral wind-up. Figure 4.11 shows a PID controller block with the backcalculation method. It can be seen that by enabling the back-calculation, the block has an
internal tracking loop that is able to discharge the integrator output. However, the control
parameter Kb is difficult to determine, and an improper setting will lead to worse results than
that without an anti-windup loop. Clamping is another commonly used anti-windup approach
that sets the integral path of a PID controller to zero, in order to avoid wind-up when
detecting an integrator overflow (see Figure 4.12). Compared to the back-calculation
method, the clamping approach is ‘always’ working, but an extensively tuned backcalculation anti-windup approach could enable better dynamics.

4.2.3. Feed-forward loop
In theory, a proper feedback controller (such as PI controller, discussed above) can reach the
target as long as the time is sufficient. However, for an automotive application, especially
when an engine is studied, fast and robust response behaviour is required. This is commonly
achieved by adding a feed-forward loop into the existing feedback controller. This approach
can be seen as implementing a best estimation of what the controller action should be, and
mapping this value to engine set points with direct control action. By doing that, the response
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time could be reduced significantly and the gains in the feedback could be relaxed, making
the system more stable.

However, an anti-windup method is not appropriately suitable to the control strategy with a
feed-forward loop, unless the contribution of the feed-forward signal has been subtracted in
such a way that allows the PID controller block to know its share of the effective control signal
applied to the actuator. An anti-windup PID control demonstration with a feed-forward
control is seen in Figure 4.13.

Figure 4.14 shows a control strategy schematic for an engine boosting system with a VGT.
Similar control strategies could also be seen in other sub-systems of a gasoline engine. Please
note that linearization tables for sensors and actuators are often implemented in the ECU to
alleviate the work by the calibration and improve the control stability.

4.2.4. GT-Suite and Matlab/Simulink co-simulation
GT-Suite models can be coupled with models developed in Matlab/Simulink Environment.
This is a common practice in the industry where engine, powertrain, and vehicle dynamics
are modelled in GT-Suite, and electronic controllers are modelled in Matlab/Simulink. There
are two methods that are currently adopted for the GT-Suite and Matlab/Simulink cosimulation:


Running a GT-Suite model from the Matlab/Simulink interface



Compiling Matlab/Simulink models into .dll/.so files and importing them into a GTSuite model.

For all the co-simulation work in this thesis the first option above was used, and in the
following an example was given to illustrate how a Matlab/Simulink embedded optimization
strategy (which is genetic algorithm) is utilized to optimize a GT-Power engine model.

In order to optimize a non-linear engine system (take the optimization of the DEP valve timing
for example), a genetic algorithm can be employed to avoid the problems of the embedded
optimization tools in GT-Suite (in GT-Suite, the output variable must have a unique minimum
or maximum, see Figure 4.15).
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GT-Suite applications can be run in conjunction with Simulink, and a Matlab code may be
utilized to achieve the optimization goals for a Simulink block. To be clearer, Figure 4.16
illustrate the co-simulation between a GT-Suite engine model and a Simulink module. In
addition, the function of a genetic algorithm (see in Figure 4.17) is fulfilled in a Matlab
interface, in order to minimize BSFC for different exhaust timings for a downsized gasoline
engine. Using this co-simulation technique, the strength of each software can be combined
and enhanced.

In the genetic algorithm, a population of individuals (different exhaust valve timings) was
simulated in GT-Suite and ranked by a custom fitness function. Selection of the parents based
on their fitness was then conducted (stochastic uniform). After that, reproduction process
consisting of the elite choice, crossover and mutation was carried out (see Figure 4.18). The
algorithm terminated when the maximum number of iterations was exceeded or the
stopping criteria was fulfilled.

In order to give reader confidence in the genetic algorithm approach, a ‘peaks’ problem
which has a couple of local maximums and minimums are shown in Figure 4.19. A genetic
algorithm was carried out to look for the global minimum of this function and all the
evaluated points (red dots in the figure) were recorded. It can be seen that the genetic
algorithm is able to find the global minimum, whilst the embedded GT-Power algorithm (see
Figure 4.15) could have ended in the local minimum, depending on the starting point of the
optimization.

4.2.5. Case Study: V-Charge Boost control
The proposed control sequence is basically composed of a driver input which is the pedal
position and how the input affects the actuator actions in the engine system. For details, see
Figure 4.20. The ECU will first receive the pedal position and engine speed signals from the
driver, and will then calculate the demand total boost pressure, followed by the
determination of the boost split (feed-forward loop). Finally, a feedback control loop is
required to correct the demand boost pressure to the target, under different boundary
conditions (or, in other words, a different altitude) or component ageing.
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In order to build a robust control strategy and gain some knowledge of tuning the behaviour
of this two-stage boosting system, a GT-Power model was initially used to simulate the gas
dynamic response, while the control strategy was generated from Simulink. This approach
was also beneficial later, when a near-to-complete control strategy was transferred from
Simulink to an open ECU developer platform in the experimental phase, due to the fact that
the open ECU that is adopted in this project can be compiled in a Simulink environment.
The proposed CVT control module (see in Figure 4.21) is made of several sub-systems,
including a feedforward steady-state look-up table and a feedback loop on manifold
pressure.

The feed-forward loop, which is basically a look-up table, is designed to help the controller
to achieve the target quickly and robustly. This map is characterised by the strategy of the
boost split. In the simulation below, it is decided to primarily make use of the turbocharger
boost, with the supercharger providing a boost only when the turbocharger boost is
insufficient.

The feedback control includes an anti-windup function and a gain scheduling strategy. The
feedback controller here, essentially, has two targets here: adjusting the CVT ratio so that
the total boost pressure can be achieved if the feed-forward loop is not working precisely
(due to component ageing or different boundary condition); and detecting a transient signal
in order for the supercharger to ‘pre-boost’ the engine system.

It might be worth noting that two look-up maps (i.e. upper and lower CVT ratio rate limiter)
were used to optimize the transient trajectory shaping for the best V-Charge performance,
which was from the perspective of physical response behaviour, and also the driveability
consideration. At the time of writing, it is found in simulation that the largest achievable CVT
change rate might not be appropriate to implement during a transient event, due to the ‘dip’
phenomena, as there may be too much acceleration torque generated. This might affect the
driveability if a similar torque response was repeated in the experiments, depending on
whether the simulation model is predictive or not. In addition, whether the torque dip (if
there is any) could be ‘felt’ by the driver is another question, which also needs to take into
consideration the damping effect of the whole powertrain system (and is thus beyond of the
scope of this research).
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In order to accurately control the boost split in the two-stage system, the standard closedloop pneumatic mechanism was replaced by a ‘smart’ pneumatic wastegate mechanism with
electronic control, as seen from Figure 4.22. Figure 4.23 shows the wastegate control module
that was proposed for the V-Charge project. It is, like the CVT ratio control discussed above,
was comprised of two main sub-sections of controlling: feed-forward and feedback loop.
There is also an anti-windup loop in the wastegate control module. Note that the PI
controller input for the wastegate control is the turbocharger pressure ratio difference
between the target and the actual, and that for the CVT ratio control is the total boost
pressure difference between the target and the actual. This is scheduled in order for the two
interdependent PI controllers not to fight each other.

In the following, a transient simulation of 20 - 100% full load was conducted. A transient GTPower model was modified around the full-load model, with the valve timing kept fixed.
Although it was very simplistic, it actually made very little difference on most of the
transients, where the engine’s transient response was dominated by the dynamic behaviour
of the turbocharger and supercharger. It might be noted that the combustion model (which
is also fixed in this simulation) can also have a significant effect on a transient response.
Consequently, it is admitted that the simulation results might have a large deviation
compared to the test results. Nevertheless, the tuning trends should be very similar to those
in the test phase, which is why the control strategy was initially constructed in the simulation
phase.

In this work, the transient response simulation was carried out with a standard procedure
whereby the model was run at each speed for five seconds at a load of 20% full-load for
stabilisation, prior to a step load demand input to full load. The full load was then held to the
end of the simulation. The time-to-torque in this work was taken for the engine torque to
increase to 90% of the target full load (T90). The epicylic ratio and pulley ratio were initially
set to be 12.67 and 3, respectively. The turbocharger and supercharger map were supplied
by Borgwarner and Honeywell, respectively. Note that there are other configurations that
are considered in the later experimental phase, but the calibration process should be very
similar.

From Figure 4.24, it can be seen that the transient response of the V-Charge engine is similar
to that of an NA engine, although there is slight ‘dip’ during the first phase of the acceleration
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and a mild overshoot at the end of the transient. Both deficiencies could be mitigated by
optimising the CVT rate limit and the PI gains in the CVT module. Figure 4.25 (a) shows the
CVT ratio trajectory during the transient, which functioned as predicted. The CVT was ramped
to the largest level that pre-boosted the engine as soon as a transient signal was detected,
and then the boost was handed over from the supercharger to the turbocharger by reducing
the CVT ratio. The wastegate behaviour in simulation can be seen in Figure 4.25 (b), which
shows that the wastegate was fully opened during the steady-state low load, and then quickly
shut down when a transient signal was detected.

Figure 4.25 (c) and Figure 4.25 (d) illustrate the supercharger and turbocharger compressor
response in the transient. The supercharger pressure ratio trace was in line with the CVT ratio
trajectory in Figure 4.25 (a). It might be worth noting that there is a pressure ratio ‘dip’ for
the turbocharger compressor, as can be seen in Figure 4.25 (d). This is mainly due to the fact
that the supercharger response is much faster than the turbocharger; thus, a lot more
pressure is blocked between the supercharger and the turbocharger.

4.3 In-vehicle modelling
There are two approaches currently in the literature that utilise steady-state engine look-up
maps to simulate driving-cycle fuel economy, including the engine-level consolidated point
methodology and the vehicle-level kinematic mode.

4.3.1. Consolidated point methodology
This uses a least-squares method to reduce the number of engine speed and load operating
points that an engine operates during a driving cycle, from typically hundreds to only a few
points (see Figure 4.26). The point is then given a time weighting based on the total driving
cycle time [186]. The calculated fuel economy, using the engine steady-state look-up tables,
has been proven to be within a 3% error of running the full vehicle, but with approximately
40 times less computational time [153].

4.3.2. Kinematic mode
This is a backward-looking method directly imposing the driving-cycle speed to back-calculate
the engine speed and the load, by using the aerodynamic, rolling resistance, and the road
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characteristics, without considering the transient differences in charge air handling systems
[182, 187]. The instantaneous engine speed and load are used for look-up tables in speedload dependent engine maps to calculate the instantaneous rates of fuel consumption,
emissions, etc. In addition, since the engine speed and torque are directly calculated, these
may not reflect the driver’s perception of the vehicle’s performance. However, this method
is relatively simple, requires less knowledge of the vehicle control system, and is still
considered to be a valid methodology to simulate and compare the performance of a NA
vehicle.

An example is given here to explain why the consolidated point method (termed Minimap
methodology in some of the literature, including [7,61,135,159,163] and the kinematic mode
cannot reproduce the boost system response and cannot exhibit a real fuel economy in a
driving cycle for comparing boosted engines with different transient performances [153].
During a vehicle acceleration event, the transient performance of the engine influences the
driver’s pedal demand, which can further cascade to the transmission shifts event. If
continuously pressing the pedal still cannot produce the expected torque performance due
to the slow boost response, a down shift may be operated, which causes the engine to run
in a higher-speed and lower-torque region, where the efficiency drops. Thus, suitable
numerical simulations should incorporate a dynamic driver model to control the engine
parameters in a forward-direction manner. However, most of the currently performed
vehicle simulations do not incorporate this.

4.3.3. Half-dynamic mode
Most driving-cycle fuel economy simulation had been carried out kinematically because the
dynamic solution was extremely time-consuming and a robust solution was available only for
kinematic simulations. Typically, a proportional and integral (PI) controller was used to target
vehicle speed in a driving cycle, but this required laborious tuning of different gains for a
particular vehicle over a particular driving cycle, in order to avoid control noise. A recent
trend in vehicle simulation is to adopt a model-based feed-forward dynamic solution with
corrective feedback loop (PI gains) to follow driving-cycle speed targets accurately [188].
Because the PI controller of a dynamic solution is used to correct only those small errors that
exist, the simulation speed is significantly increased. It should be noted that a fullydeveloped dynamic model should incorporate dynamic modules for both a vehicle and the
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driveline. Currently, the most widely adopted approach for vehicle simulation utilises only
the dynamic mode for the vehicle, without a detailed dynamic analysis for the engine. This
method, as opposed to the kinematic mode mentioned above and the full-dynamic mode
below, is termed the half-dynamic mode, which features a more highly-developed vehicle
control model to determine the necessary accelerator and brake pedal position, in order to
follow the required driving cycle target, but only with engine steady-state look-up tables.
4.3.4. Full-dynamic mode
Unlike the two approaches discussed above, a full-dynamic mode refers to those with a
detailed engine model and a more highly developed driver control unit. By doing this, the
dynamic response of the engine can be reproduced and the driver behaviour can also be
simulated. It should be noted that this methodology is extremely CPU intensive when trying
to simulate a drive cycle. An FRM might need to be used in this case, to save some simulation
time [188]. This is, in essence, achieved by lumping pipe objects together on the intake and
exhaust side of a detailed engine model. Although this method cannot capture higher
frequency wave dynamic content, a high level of fidelity of the low-frequency and primary
engine-order dynamics is maintained, which is normally of interest to transient simulations.

This mode allows the development of the physical control system for both the vehicle and
the engine [182]. In addition, the down-speeding and transmission shift frequency effect on
fuel efficiency may only be able to simulate in this mode for different boosting solutions
[156], which, in contrast with the conventional engine-map-based vehicle models, has the
capability to model transient phenomena, such as turbo-lag during drive away and gear shifts
[188].

4.3.5. Case Study: V-Charge in-vehicle simulation
In order to assess the vehicle response for the V-Charge system compared with the fixedratio positive-displacement counterpart, in-vehicle simulation was conducted using the
vehicle data from Ford. There are four manoeuvres which are of interest to Ford, including:

1: 60-100km/h in 4th and 5th gear
2: 80-120km/h in 4th, 5th, and 6th gear
3: WOT tip-in in 1st gear from 840RPM
4: WOT tip-in in 2nd gear from 1850RPM
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As the torque curve is only available between 1100RPM and 4000RPM from the original fullload GT-Power model, the achievable torque above 4000RPM was assumed to be
proportional to the classic Fox engine, coming from a Ford paper (see Figure 4.27) [189].
Figure 4.28 shows a tractive torque diagram calculated and plotted from the engine
performance curve and the gear ratio. Since there is no point of intersection between each
gear, the fastest vehicle acceleration manoeuvres should be using each gear to the highest
engine speed and then shifting up.

The simulation was conducted by coupling the detailed transient model with a simplified
vehicle system in GT-Power. Some unknown parameters (such as inertia of each axle and
transmission efficiency) came from a GT-Power example file. Unlike the fixed-speed transient
simulation, the engine mode was changed from speed to load, which means that the engine
speed will be calculated depending on the actual engine load. The simulation was run for 30
seconds at the corresponding initial engine speed for stabilisation prior to a step load
demand input to the target full load. It might be noted that, for this simulation, the fixedratio positive-displacement configuration was assumed to be equipped with a clutch, while
for the V-Charge system a clutch was not needed and the epicyclic ratio and pulley ratio were
set to be 12.67 and 2.5, respectively. The following are the results of the manoeuvres
mentioned above.

It is safe to say that the V-Charge system has a similar vehicle response when compared with
the fixed-ratio positive-displacement configuration, even though the V-Charge system has
better engine transient response. This is mainly due to the fact that the full-load target was
fixed for both the V-Charge and the Eaton configuration in simulation. However, when the
supercharged configuration (both V-Charge and fixed-ratio positive-displacement) is
compared with the turbo-only system, it is seen that there was a perceptible lag (so called
turbo-lag), especially when the gear and the engine speed were low (see Figure 4.34 and
Figure 4.35). This is mainly due to the fact that the target full load was not reached by the
turbo-only configuration, because of the turbo lag, when the target was already achieved by
the supercharged version.

Note that for the turbo-only configuration, there are two sets of simulation that have been
performed. One simulation assumes that the target torque is the same as that of the VCharge and the fixed-ratio positive-displacement configuration. The other simulation lowers
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the target torque to see how that affects the transient performance of both the engine and
the vehicle. This could also be seen as different strategies for supercharger matching to an
existing turbocharged gasoline engine.


A supercharger is only used to assist transient response;



A supercharger is used for the torque curve augmentation and improving the
transient behaviour.

Figure 4.36 shows the effect of the supercharging on improving the transient response of
both the engine and the vehicle in a manoeuvre of 60-100km/h in 5th gear. It also indicates
that the augmentation of torque curve will have a larger effect on the transient behaviour
over that achieved by only adopting a supercharger to improve the transient response
without enhancing the torque curve. However, as the lower target torque curve was still not
achieved in Figure 4.34 and Figure 4.35, the wide open throttle (WOT) tip-in performance in
1st gear from 840RPM and 2nd gear from 1840RPM would not be improved, indicating that
the torque augmentation might only be beneficial for the higher engine or vehicle speed
transient performance.
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Figures in Chapter 4

Figure 4.1. Corrected compressor maps with ‘ideal’ straight bell-mounted inlet and vehicle
inlet system. [183]

Figure 4.2. Turbine map fitting method
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Figure 4.3. Scavenging process in a realistic engine [181]

Figure 4.4. ‘S-shape’ scavenging function [181]
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Figure 4.5. The engine GT-Power model supplied in this project
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Figure 4.6. Measured and simulated cylinder pressure at 1000RPM and 130Nm

Figure 4.7. Turbocharger compressor operating point
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Figure 4.8. Supercharger compressor operating point

Figure 4.9. PID controller Simulink block
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Figure 4.10. Integral wind-up for a PID control [169]

Figure 4.11. Back-calculation anti-windup method
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Figure 4.12. Clamping anti-windup method

Figure 4.13. Anti-windup PID control demonstration with feedforward control

Figure 4.14. Control strategy schematic for a variable geometry turbocharger in an engine
[169]

118

Figure 4.15. Illustration of the GT-Suite embedded optimization strategy

Figure 4.16. Illustration of a GT-Power engine model in Simulink interface
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Figure 4.17. Genetic algorithm procedure

Figure 4.18. Illustration of three types of children
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Global minimum

Figure 4.19. Genetic algorithm testing

Figure 4.20. Boost split control module
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Figure 4.21. CVT control module

Figure 4.22. Standard closed-loop pneumatic wastegate control (left) and smart pneumatic
wastegate with electronic control (right)

Figure 4.23. Wastegate control module
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Figure 4.24. Torque performance during a transient event at 1100RPM

(a)

(c)

(b)

(d)

Figure 4.25. The V-Charge system trajectory during a transient event at 1100RPM
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Figure 4.26. Consolidated point methodology

Figure 4.27. Engine performance curve for a Ford GTDI engine

Figure 4.28. Tractive torque diagram for a Ford vehicle with different transmission gear

124

Figure 4.29. 60-100km/h in 4th gear

Figure 4.30. 60-100km/h in 5th gear
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Figure 4.31. 80-120km/h in 4th gear

Figure 4.32. 80-120km/h in 5th gear
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Figure 4.33. 80-120km/h in 6th gear

Figure 4.34. WOT tip-in in 1st gear from 840RPM

127

Figure 4.35. WOT tip-in in 2nd gear from 1840RPM

Figure 4.36. 60-100km/h in 5th gear with a lower target full load curve for turbo-only
configuration
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Chapter 5 – Modelling the conventional DEP
concept
DEP is an alternative gas exchange concept, where two exhaust ports from each cylinder are
separated into different manifolds. The blow-down pulse is directed through one valve that
leads to the turbocharger turbine, in order to boost the intake charge, while the other valve
path (termed the scavenging valve) bypasses the turbine to scavenge the remainder of the
exhaust mass flow. By combining the characteristics of the downsized turbocharged engine
and the scavenging process of a more normal, naturally aspirated engine, the gas exchange
process of a downsized engine could be enhanced.

In this chapter, the conventional DEP concept will be investigated in simulation, using a
validated highly-downsized 2.0 Litre SI engine model. The final results showed that the fullload BSFC, the engine combustion stability and the transient performance were all improved
due to the fact that the DEP concept features a better gas exchange process and improved
combustion phasing.

The comparison, discussion and conclusion in this chapter have been presented at the SIA
Spark Ignition Engine International Conference, ImechE 11th International Conference on
Turbochargers and Turbocharging, and SAE 2014 World Congress & Exhibition. The SAE 2014
World Congress & Exhibition conference paper has been selected to be a journal paper.
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5.1 Introduction
For the turbocharged SI engine, high-enthalpy exhaust mass flow can be further expanded in
a turbine that drives a compressor and boosts the engine, allowing a smaller engine to propel
a larger vehicle. However, the turbocharger also incurs larger backpressure, which either
subtracts energy from the crankshaft or traps hot residual gas in the cylinder, resulting in
poorer pumping work and degraded combustion phasing, respectively.

It is known that the exhaust stroke basically comprises two phases: the blow-down and
displacement phase (see Figure 5.1). The blow-down phase is between the end of the power
stroke (when the exhaust valve opens) and the first part of the exhaust stroke, when the
cylinder pressure is higher than the exhaust manifold pressure. The blow-down energy is the
driving force for the turbine, and it is considered that the maximum utilisation of this portion
of energy can increase the engine’s specific power.

The displacement phase is when the cylinder pressure is equal to the exhaust manifold, and
it is the displacement of the piston to the TDC which pushes the remaining exhaust gas out
of the cylinder. This phase provides significantly lower energy for the turbine and evacuates
a larger fraction of the residual gas out of the cylinder. However, at high engine load, the high
averaged backpressure (usually above 1.5bar) hinders the gas exchange from the cylinder to
the ambient (resulting in poor pumping work), and leads to relatively higher trapped
residuals in comparison with NA counterparts. Furthermore, pulsation interference often
occurs during the displacement phase, where the blow-down pulse of the next-firing-ordercylinder forces some of the exhaust gas back into the cylinder. This also results in some
unnecessary pumping losses and leads to higher trapped hot residuals. To make it clearer,
Figure 2.3 in Chapter 2 shows the blow-down phase, the displacement phase, and the
pulsation interference effect.

It is conceived that if the blow-down energy of a gasoline engine could be utilised to boost
the intake charge, just like the function of a conventional turbocharged engine, and the
remaining hot residual could be somehow directly evacuated through a low-resistant exhaust
manifold, the strengths of traditional turbocharged engines and NA engines could be
combined. Such a concept, if it were possible, could achieve improved breathing
characteristics (reduced pumping loss and improved pulsation interference), due to the
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significant reduction of the backpressure achieved in the displacement phase, and better
combustion phasing, mainly attributable to the significantly reduced RGF and the reduced
requirement of gross IMEP.

5.2 Conventional one-stage DEP concepts
The DEP concept is a novel way of accomplishing the gas exchange process in turbocharged
engines, with the aim of combining the positive effects of using a turbocharger while
removing some of the negative aspects by using a VVT system on the exhaust system. Figure
5.2 shows the schematic view of the DEP concept. Unlike the standard layout of the engine
exhaust system, two exhaust valves are separated to feed the turbine and the exhaust pipe,
respectively. The blow-down valve functions just like a standard exhaust valve, discharging
the first portion of exhaust gas into the turbine to boost the intake air. While the scavenging
valve, which evacuates the latter exhaust portion directly into the exhaust pipe (lower
backpressure), aims at better gas exchange. By combining the characteristics of standard
turbocharged and NA engines, it is anticipated that the gas exchange process and the
combustion phasing could be improved, while maintaining the required BMEP. The specific
reasons to enhance the gas exchange process and combustion phasing are detailed below:

As the high backpressure between the turbine inlet and the exhaust port is isolated from the
engine piston during the latter portion of the exhaust stroke, an increased PMEP (a reduced
pumping loss) could be attained. For the fixed BMEP condition, increased PMEP indicates less
gross IMEP, thus better BSFC.

Meanwhile, by bypassing the turbine, a positive pressure gradient across the intake and
exhaust system could be achieved. This is beneficial for the cylinder scavenging process,
resulting in a large decrease for RGF. It is known that RGF is strongly related to the knock
intensity and engine test variability. For example, one author has stated that at knock-limited
points, less RGF would cause the engine to be less prone to knock, which would then lead to
the advance of the spark timing [190]. Hence, the DEP concept could also benefit from an
improved combustion phasing. Improved combustion phasing from reduced RGF also results
in reduced exhaust gas temperature, and thus may reduce the need for other exhaust gas
temperature control actions, such as over-fuelling, the adoption of water-cooled exhaust
manifolds, or increased EGR.

131

5.3 Modelling methodology
In this section, seven degrees of freedom in the actuation of the DEP concept engine,
including the timing of the intake, blow-down and scavenging valves, and the lift and duration
of the blow-down and scavenging valves were investigated. In order to understand the
underlying gas exchange process, the timing of the scavenging valve (one degree of freedom
mechanism) effect on BSFC was investigated first. Optimisation of the fully-flexible
mechanism was then undertaken, and is presented later in the section. For the one degree
of freedom study, the profile of the intake and the exhaust valves were retained, in order to
investigate the BSFC improvement potential with minimum change to the whole system.

One degree of freedom mechanism:
By adjusting the timing of the scavenging valve, the relationship between the blow-down and
the scavenging valve varies in feeding a specific amount of the exhaust mass flow into the
turbine. Meanwhile, the overlap between the scavenging valve and the intake valve alters
accordingly, which influences the amount of blow-through or short circuit air flow. Overlap
A and overlap B, as can be seen in Figure 5.3, are necessary to avoid choked flow and to
control the blow-through or back-flow, respectively.

The operation strategy depends on the requirements of the system.* If fuel efficiency is
pursued, the scavenging valve should be set to a maximum advance that attains the BMEP
target. By advancing the scavenging valve, less pumping work is needed, thus fuel efficiency
is increased. This strategy can also benefit from less blow-through, which leads to less fuel
injected.

To make it clearer: A DoE has been conducted at 4500RPM full load. Figure 5.4 shows the
timing of each valve to maintain the target BMEP. From Figure 5.5 it can be seen that the
minimum BSFC occurs at a maximum advance of the scavenging valve that attains the BMEP
target. Figure 5.6 also suggests that, by advancing the scavenging valve, less pumping work
is required.
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Multiple degrees of freedom mechanism:
Due to the possible large blow-through and the limitation of only one controllable degree of
freedom, the results might not be fully optimised, as can be seen in the following section. It
is therefore necessary to introduce fully-flexible mechanisms of the intake and exhaust valves
(see Figure 5.7), in order to exploit the maximum potential of the DEP concept engine.

As all the degrees of freedom are strongly interrelated, changing one would cause the others
to change their action on the engine system. Thus, some mathematical approaches for
optimising multi-variables systems and multi-objective responses need to be investigated. A
genetic algorithm has the capability to mimic the process of natural evolution, and is thus
considered to be one of the most useful approaches to solve this kind of problem. To be more
specific, each degree of freedom represents a gene in the chromosome, and BSFC forms the
fitness function. More detail about the structure of the GA system can be seen in Figure 4.18.

It should be noted that, in this section, the timing of the scavenging valve is also the control
parameter to maintain or achieve the target BMEP, the function similar to a traditional
wastegate. The value of the other parameters will be based on the optimisation for different
purposes and will form a map in the ECU, which is more like a traditional calibration.
Theoretically different variable valve mechanisms VVT or variable valve lift (VVL) could be
adopted in the DEP concept. Selecting the timing of scavenging valve to be the control
parameter is due to the following reasons:


The VVT mechanism is more easily manufactured than VVL and variable valve
duration mechanisms.



The scavenging valve is subjected to less thermal and pressure shock than the blowdown valve.



The research engine features DI, thus a larger scavenging can be tolerated.* But for
a PFI engine, variable blow-down valve timing is a reasonable solution where large
scavenging is significantly undesirable.

* The decision of scavenging ratio is also dependent on catalyst characteristics and emission
requirement.

It is also noted that potential PMEP gains, due to the implementation of the DEP concept,
could offset some of the turbocharger power loss, due to the smaller amount of exhaust mass
flow into the turbine. However, for some operating points, the initial BMEP or desired higher
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BMEP is still not attainable. Thus, a smaller sized turbocharger may need to be selected to
optimise the whole system. The matching of the IC engine and the turbocharger was
performed by scaling the mass flow axis of the standard engine’s turbocharger maps.
Without a considerable effort, a smaller sized turbocharger was selected by using the mass
multiplier in GT-Power [181].

5.4 Results
This study was carried out on a validated 2.0 Litre extremely downsized SI engine model using
GT-Power. It is worth mentioning that the target BMEP of this engine can be in excess of
32bar, and it is anticipated that the gas exchange process is potentially significantly different
to that of the engines investigated in previous studies, given their lower BMEPs. The diameter
of the valves was increased by 4mm to avoid choking when only one valve is involved in the
gas discharging process. Although the increase of the exhaust valve could improve the
pumping work as well, it was verified in simulation that this only affected around 10% of the
pumping work that the DEP concept brought (For example, at 6500RPM full-load seen in
Table 5.1, with the original exhaust valve size, the pumping work of the DEP concept would
be -1.3bar compared to -1.2 bar with increased exhaust valve size). The wastegate control
strategy was replaced by the timing of the scavenging valve to maintain the target BMEP. The
Douaud & Eyzat knock model was implemented in GT-Power in an effort to predict knock
onset for individual cycles [191].

In this section, the one degree of freedom effect was presented first, with detailed
explanation. Then, multiple degrees of freedom interactions were presented, with some
explanations of the process occurring.

The aim of this study is to reduce fuel consumption, residual gas content, and to improve
boost control. Steady-state operating points of 6500RPM/26.2bar, 4500RPM/30.9bar,
2500RPM/17.9bar and 1500RPM/12.7bar were presented. The reason why these four sets
were chosen is because they represented four different gas exchange processes, detailed in
the following.

1) One degree of freedom mechanism
6500RPM/26.2bar:
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Table 5.1. Cycle averaged results for 6500RPM
BMEP (bar)

BSFC (g/kW*h)

RGF

CA50

PMEP (bar) Turbine Power (kW)

Original

26.2

258.7

2.74

17.3

-2.2

43.9

DEP

26.2

254.3

1.75

17.5

-1.2

39.2

From Table 5.1, it can be seen that the BSFC may be reduced by 1.72% while keeping BMEP
fixed. This was largely due to the improvement of the pumping work, as negative PMEP was
increased by 44.7%. The combustion phasing, on the other hand, did not change too much,
which did not correlate with the reduction of RGF [9]. A possible reason could be the poorer
choking condition when only one exhaust valve is involved, which adversely affects the
temperature and pressure in cylinders.

Lower pumping losses can also be implied from the reduced turbine power; the DEP concept
engine only needed 39.2kW power to boost the intake pressure in order to attain the
required BMEP, while the base engine required as much as 43.9kW, which indicated that
more power was wasted in overcoming the pumping resistance for the baseline engine.
4500RPM/30.9bar:
Table 5.2. Averaged results for 4500RPM
BMEP (bar)

BSFC (g/kW*h)

RGF

CA50

PMEP (bar) Turbine Power (kW)

Original

30.9

249.0

3.49

23.3

-0.450

35.0

DEP

30.9

242.9

0.94

19.0

0.074

29.9

At 4500RPM, as can be seen in Table 5.2, BSFC dropped a lot: from 249.0 to 242.9. Unlike the
6500RPM situation, both the reduction of the pumping losses and the improvement for
combustion efficiency contributed to the reduction of BSFC. The anchor angle (CA50)
advanced by about four degrees from 23.3 to 19.0, which contributed more than the
improvement of PMEP although it was not verified quantitatively. This correlated with RGF
very well, with RGF reducing from 3.49 to 0.94. It is also anticipated that the DEP concept
engine would also benefit from more stability, due to the significant RGF decrease. This
would further improve an engine’s efficiency.
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Table 5.3. Averaged results for 2500RPM &1500RPM
2500RPM/17.9bar:
BMEP (bar)

BSFC (g/kW*h)

RGF

CA50

PMEP (bar) Turbine Power

Original

18.1

239.4

4.36

14.7

-0.10

5.6

DEP

18.2

239.4

3.23

13.3

-0.03

5.2

BMEP (bar)

BSFC (g/kW*h)

RGF

CA50

PMEP (bar) Turbine Power

Original

12.7

246.2

5.14

11.4

0.04

0.9

DEP

12.7

247.3

4.31

10.9

0.00

0.7

1500RPM/12.7bar:

BSFC at 2500RPM and 1500RPM did not change too much, which indicated that the DEP
concept did not have significant BSFC benefit within a lower engine speed. At 1500RPM, the
increased BSFC was attributed to the decrease of the pumping work. It should be noted here,
that the original model is equipped with a supercharger as well, but, in order to investigate
the DEP concept on turbocharged SI engines, the supercharger was removed and the torque
target was reduced to the level it was at when the wastegate was fully closed. Therefore, the
limited BSFC improvement could also be attributed to the fact that the turbocharger was not
producing large backpressure at these operating points, which was also indicated by the
PMEP value.

Pumping Loop:
Fuel consumption reduction between the standard and the DEP model can also be presented
using the pumping loop in a P-V diagram. It can be seen from Figure 5.8 that, during the end
of the exhaust stroke, the original engine continued to push the remaining exhaust gas from
the cylinder to the turbine, which increased the backpressure further (this was also due to
the pulsation interference), and as the exhaust valve started to close there was a large peak
in the cylinder pressure. However, for the DEP concept engine, as the blow-down valve was
closed while the scavenging valve started to open, the cylinder pressure dropped
dramatically to nearly atmospheric level, which removed the backpressure to the piston.
Pumping work can also be implied from the enveloped area; it is clear that the DEP concept
benefits from less pumping loss than that of the original model.
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From the results above, it can be summarised that, for the fixed BMEP condition, BSFC
improvement depends on the trade-off between the benefits of the reduction in pumping
work and the combustion efficiency gain.

2) Multiple degrees of freedom mechanism
Table 5.4. Averaged results for multiple degrees of freedom mechanism
6500RPM
Original

DEP

4500RPM
Original

DEP

2500RPM
Original

DEP

1500RPM
Original

DEP

BMEP (bar)

26.2

26.2

30.9

30.9

18.1

18.1

12.7

12.7

BSFC (g/kW*h)

258.7

252.9

249.0

239.3

239.4

235.6

246.2

245.6

RGF

2.74

1.19

3.49

1.50

4.36

2.72

5.14

4.93

Anchor Angle

17.3

16.2

23.3

19.3

14.7

11.4

11.4

12.25

PMEP (bar)

-2.2

-1.2

-0.45

0.26

-0.11

0.16

0.05

0.06

Turbine Power (kW)

43.9

38.1

35.0

29.0

5.6

5.0

0.9

0.85

Table 5.4 shows the averaged results for the multiple degrees of freedom mechanism. Due
to the improved gas exchange process and better combustion phasing, the BSFC performance
for all speed ranges was improved, with a large decrease of BSFC occurring around the higher
speed.

However, due to the complexity of utilising the seven degrees of freedom mechanism for
series production engines, it is almost impossible to achieve such improvement. Engines
equipped with the DEP concept in the future are most likely to be in between the one degree
freedom and the seven degree freedoms; thus, the behaviour or the performance of the
engine should also be in the between.

5.5 Discussions
It should be noted that, even though the baseline engine model is validated using the
prototype engine testing data, the modified model for the DEP concept does not calibrate.
The potential of this novel theory could be better proved with some testing results. In
addition to that, the knock model for running the simulation which decides the anchor angle
might not be suitable for the DEP concept; this will be verified in the future.
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Transient performance is one of the major challenges to address in order to see widespread
adoption of turbocharging in most production engines. Although further research work in
this area is needed, it is expected that the DEP concept bring benefits to the transient
performance of a turbocharged engine. This is, to a great extent, due to the fact that smaller
inertia of the modified turbocharger is adopted. In addition, during a cold start, a shut-down
valve could be used in the blow-down path to force the total mass flow to bypass the turbine.
By doing so, the catalyst could be warmed up more quickly; thus, the cold start performance
could be improved.

Higher blow-down exhaust temperature and choking are the two major drawbacks for DEP
concept engines. As the majority of high-enthalpy mass flow is evacuated during the first
portion of the exhaust stroke, and a relatively low-enthalpy mass flow which directly links to
the exhaust pipe does not balance some of the blow-down pulse temperature, higher blowdown but a lower scavenging pulse temperature should be anticipated. It should be noted
that, for this study, the limit of the inlet turbine temperature was not considered. High
temperature-resistant material should be used, or a fuel-enrichment strategy needs to be
involved. This would either increase the cost of the system or affect the fuel efficiency. Figure
5.9 shows the comparison of the original, blow-down and scavenging exhaust temperatures
when one degree of freedom was involved.

From Figure 5.10, it can be seen that, even though the diameter of the exhaust valves were
increased, a choking condition still existed, and was even poorer than the original engine.
This is due to the fact that, for the first phase of the blow-down phase and the last phase of
the displacement phase, only one of the exhaust valves was involved. This can also partly
explain why PMEP drops for the higher speed range when the timing of the scavenging valve
retards. The choking condition could be largely improved by optimisation of the timing, lift,
and duration of the exhaust valves.

Since the boost pressure and RGF can be reduced, together with better combustion phasing
for a DEP concept engine, it is anticipated that the compression ratio could be increased for
further BSFC improvement at part load.
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5.6 Chapter summary and conclusions
The following summary and conclusions are drawn from the study in this chapter:

1: The general trend under fixed BMEP condition is that, at lower engine speed, the
backpressure is low and there is less to gain from the DEP concept, whilst at higher speeds
the backpressure is higher, and the potential to reduce this backpressure is higher. Thus, the
BSFC reduction is more noticeable at higher speeds. But it should be noted that this
conclusion may only be valid for this specific engine with the installed supercharger removed.

2: The DEP-based engine can achieve up to 4% improved BSFC performance due to better gas
exchange and combustion processes, without changing the settings of the intake and exhaust
valve profile. However, introducing fully-flexible intake and exhaust valve mechanisms could
further optimise the results above.

3: The complexity of the system, higher blow-down exhaust temperature and choking are the
major drawbacks for DEP concept engines.
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Figures in Chapter 5

Figure 5.1. Blowdown and displacement phases

Figure 5.2. Schematic view of the exhaust system layout in DEP concept
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Figure 5.3. Exhaust and intake valve – one degree of freedom
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Figure 5.4. Timing of the exhaust valves to maintain the target BMEP at 4500RPM
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Figure 5.5. BSFC for different timing of the intake and blow-down valve at 4500RPM
0.4
0.3

PMEP [bar]

0.2
210

0.1

215
0

220

-0.1

225

-0.2

230

-0.3
460

465

470

475

480

Timing of the intake valve [aTDC]

Figure 5.6. PMEP for different timing of the intake and the blow-down valve
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Figure 5.7. Exhaust and intake valve – multiple degrees of freedom

Figure 5.8. Pumping loop in P-V diagram at 4500RPM
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Figure 5.9. The comparison of the original, blow-down and scavenging exhaust temperature

Figure 5.10. Mach number for Original and DEP concept engine at 6500RPM
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Chapter 6 – Modelling the DEP two-stage
concept

The DEP concept has only been applied to single-stage turbocharged engines so far. However,
it, in its basic form, is in no way restricted to a single-stage system. This chapter, for the first
time, will apply the DEP concept to a two-stage downsized SI engine. By controlling the timing
of the exhaust valves separately, to feed the exhaust mass flow to the high-pressure turbine
or the low-pressure turbine or the exhaust pipe, it is anticipated that such a system could
achieve even better breathing characteristics.

The comparison, discussion, and conclusion in this chapter have been presented at SAE 2014
International Powertrain, Fuels & Lubricants Meetings and ASME Turbo Expo 2015. The ASME
Turbo Expo 2015 conference paper has been selected to be a journal paper.
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6.1 Introduction
DEP is an alternative way of accomplishing the gas exchange process in turbocharged
engines. The DEP concept engine features two exhaust valves with separated functions. The
blow-down valve acts like a traditional turbocharged exhaust valve to evacuate the first
portion of the exhaust gas to the turbine, while the scavenging valve feeds the later portion
of the exhaust gas directly into the lower back-pressure exhaust pipe, behaving in a way
similar to valves in a naturally-aspirated engine. By combining the characteristics of both
turbocharged and NA engines, high back pressure between the turbine inlet and the exhaust
port is maintained in the blow-down phase, while a significant reduction of the back pressure
can be achieved in the later displacement phase [13].

The DEP concept has, up to now, only been applied to single-stage turbocharged engines.
However, it, in its basic form, is in no way restricted to a single-stage system. In addition,
two-stage downsizing has been proved to be one of the most viable solutions to achieve BSFC
improvement [7]. Applying such a novel gas exchange process to a two-stage system could
enhance the advantages which two-stage turbocharged engines have already obtained, while
offsetting the deficiencies inevitably inherited. This chapter will, for the first time, apply the
DEP concept to a two-stage downsized SI engine.

6.2 DEP Two-stage Concept
A new gas exchange concept will be proposed in this section. In this system, two exhaust
valves in each cylinder separately function, with one valve feeding the exhaust mass flow into
the HP manifold while the other valve evacuates the remaining mass flow directly into the
low-pressure (LP) manifold. By adjusting the timing of the exhaust valves, the target boost
can be controllable, while improving the engine’s pumping work and scavenging which
results in better fuel efficiency from the gas exchange perspective. It is also anticipated that
the DEP two-stage system could also benefit from better combustion phasing, due to the
improved RGF and reduced requirement of gross IMEP. To be more specific in terms of gross
IMEP, if assuming fixed FMEP, an engine’s BMEP only comprises gross IMEP and PMEP. The
DEP two-stage concept benefits from improved PMEP, thus the required gross IMEP is
reduced.
In order to implement the DEP functionality, the two exhaust valves were re-routed as shown
in Figure 6.1. The wastegate function of the conventional fixed geometry turbocharger was
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replaced by adjusting the timing of the HP or LP valve to maintain the target BMEP. It should
be noted here that the HP valve timing was optimised using a genetic algorithm, while the LP
valve was controlled by a PID controller, which aims to attain the target torque requirement.

6.3 Modelling methodology
Model modification:
For the simulation work presented in this chapter, a 1-D model of a highly-downsized SI
engine was used as a starting point (the schematic can be seen in Figure 6.2). The engine, the
basic parameters of which are detailed in Table 6.1, has a BMEP designed to facilitate a 60%
downsizing factor when compared with an equivalent NA engine.

The research engine on which this work is based is an ambitious project aiming to deliver a
2.0 L, four cylinder gasoline downsized demonstrator engine capable of up to 35bar BMEP,
air pressure charging of up to 3.5bar absolute, and offering up to approximately 35%
potential for the reduction of fuel consumption and CO2 emissions, while still matching JLR’s
5.0 Litre V8 NA engine performance figures [7]. There are several boosting systems - including
TurboSuper, Twin-Turbo and Supergen-Turbo - which are considered to be the potential
layout for the project [150]. This chapter is based on the Twin-Turbo configuration. It might
be noted that TurboSuper is the final selection for the project and, at the time of writing, is
being tested at University of Bath.

Knock model:
For reason of simplicity, only the Douaud & Eyzat knock model was considered to showcase
the potential combustion phasing improvement by adoption of the DEP two-stage system. It
might be noted that although the Douaud & Eyzat model showed good predictive capability
for identifying knock-limited spark advance, some corrections might still be needed for
engines with a higher residual gas fraction (especially for engines with EGR loops) and for
those with a non-stoichiometric air fuel ratio. The occurrence of knock was predicted based
on empirical induction time correlations.
1

𝛼

𝐼(𝛼) = 6(𝑅𝑃𝑀) ∫−100

1
𝑂𝑁 3.402 −1.7
3800
5.72×106 𝑀1 ( )
𝑝
𝑒𝑥𝑝(
)
100
𝑀2 𝑇

𝑑𝛼

6.1

Where: I = induction time integral
α = crank angle
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RPM = engine speed
ON = Fuel Octane Number
p = instantaneous cylinder pressure (Pa)
T = instantaneous unburned gas temperature (K)
M1 = knock induction time multiplier
M2 = Activation Energy Multiplier
Table 6.1. Basic parameters of the simulated engine
Engine Type

-

Inline-4-cylinder

Capacity

cc

1991

Bore

mm

83

Stroke

mm

92

Compression ratio

-

9.0:1

Firing Order

-

1-3-4-2

Combustion System

-

Gasoline GDI
DOHC, Cam Phasers and Cam Profile

Valvetrain

-

Switch on Intake and Exhaust
Camshafts

Spec. Power

kW/L @ min

142 @ 6500

Spec. Torque

Nm/L @ min

255 @ 3500

Max. BMEP

bar @ min

35 @ 3500 and 25 @ 1000 &6500

Air Charging System

-

Two-stage

The knock index is a phenomenologically-based parameter that was developed by Gamma
Technologies, Inc. and can be scaled to the loudness of knock as heard in the laboratory using
the knock index multiplier. The knock index is defined as a time-dependent quantity as
follows [181]:

KI = 10000Mu

VTDC
−6000
exp( T )(max(0,1 −
V

(1 − φ)2 )Iavg

6.2

Where: KI = Knock index
M = Knock Index Multiplier
u = percentage of cylinder mass unburned
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VTDC = cylinder volume at top dead centre
V = cylinder volume
T = bulk unburned gas temperature (K)
φ = equivalence ratio of the unburned zone
Iavg = induction time integral, averaged over all end gas zones

In the modelling, a Wiebe combustion model was adopted; the value of CA10-90 and the
Wiebe exponent were taken from a similar output SI engine and the CA50 was controlled by
a PID controller to keep the knock index under the prescribed index. The intake valve timing
was retained and the exhaust valve timing was optimised for both the DEP concept model
and the original two-stage model for an easy comparison, using a genetic algorithm that will
be detailed in the next section. The exhaust valve diameter was increased to the same size
as the intake valve, in order to ease the mass flow choking when only one valve is involved
for the DEP based engine model.

Genetic algorithm:
The capability of a genetic algorithm to mimic the process of natural evolution is considered
to be one of the most useful approaches to optimise the engine performance. The schematic
diagram for optimising the results is shown below. In the modelling, only the exhaust valve
timings were optimised using a genetic algorithm to achieve minimum BSFC while attaining
the target BMEP. To be more specific, the exhaust valve timing (in the original model) and
the blow-down valve timing (in the DEP concept model) each represents a gene in the
chromosome, and BSFC together with the BMEP target-related constraint forms the fitness
function. More details about the structure of the GA system can be seen from Figure 4.18.

It should be noted that a genetic algorithm cannot be considered to be a simple way of
performing design work, as considerable effort needs to be involved in designing a workable
fitness function. If the fitness function is designed badly, the algorithm will either converge
on an inappropriate solution or will have difficulty converging at all. The main aim for the
optimisation process was to gain fuel economy subject to specific constraints, and therefore
the fitness function was defined as Equation 6.3.
𝐵𝑀𝐸𝑃(𝑥)

𝐹𝑖𝑡𝑛𝑒𝑠𝑠 (𝑥) = 𝐵𝑆𝐹𝐶(𝑥) + 𝑃 × |1 − 𝐵𝑀𝐸𝑃

𝑡𝑎𝑟𝑔𝑒𝑡

|

6.3
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where x refers to an individual containing the information of valve timing, P is a penalty
factor. The value of P quantifies the penalty for individuals who do not satisfy the constraint.
The larger the value of P, the higher the penalty factor imposing on the objective function,
leading to more powerful confinement but worse selection efficiency.

Compared with a more complex fitness definition, a static penalty function is more robust
and rapid. After trying a considerable number of times, P was quantified to be 1000 for the
original model and was adjusted to 5000 for the DEP concept model.

Minimap:
For ease of analysis and comparison, the performance of the baseline V8 engine over the
NEDC has been discretised into a number of steady-state ‘Minimap’ operating points (see in
Table 6.2), as described by Carey et al [186]. Each of these points represents a portion of the
driving cycle, and holds a weighting equivalent to the proportion of the time that the engine
is run at this speed, and load during the NEDC. Using this method, improvements in the fuel
economy over the driving cycle can be estimated much more quickly. For the purpose of
simplicity, only Minimap point number 9 (corresponding to 1000RPM 4.99bar BMEP) was
selected for investigating the benefits of the DEP two-stage concept considering the
following facts:



The necessity for a throttle plate in the original downsized engine



Relatively high weighting
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Table 6.2. Minimap operating points
Minimap Engine

BMEP

BSFC

point

MEP

NEDC

speed

number

weighting

-

(rpm)

(bar)

(-)

1

600

1.75

0.291

2

1500

2.50

0.013

3

1500

6.54

0.099

4

1500

12.48

0.025

5

2000

4.99

0.001

6

2000

12.46

0.008

7

1250

1.00

0.109

8

1000

1.00

0.079

9

1000

4.99

0.089

10

1250

9.99

0.023

11

1350

14.97

0.023

12

1500

18.72

0.014

13

1250

7.49

0.043

14

1250

3.74

0.124

15

1500

8.74

0.046

6.4 Results and Discussions
To be specific, three different modes can be achieved via distributing different portions of
the mass flow into the different exhaust manifold.

High-speed full load (the LP turbocharger can provide enough boost for the required torque
target):
At high engine speed, only the LP turbocharger is involved with the HP turbocharger
deactivated by opening the intake bypass, HP bypass and LP bypass. This is a standard onestage DEP layout. The two exhaust valves separately function, with the HP valve feeding the
blow-down pulse to the LP turbine, while the LP valve targets the scavenging by bypassing
the LP turbine. A PID controller is used to control the timing of the two exhaust valves to
maintain the target BMEP. However, it should be noted that the lift and duration of the LP
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valves should be resized here otherwise the target engine performance cannot be attained.
As this layout has been demonstrated by a number of previous studies [13, 15, 17-24], a
detailed investigation is therefore ignored here. The following is a brief review/conclusion
for the standard one-stage DEP concept.

The engines equipped with this configuration could achieve significantly low backpressure at
the end of the exhaust stroke during the displacement phase which, from the gas exchange
view, could improve the pumping work and facilitate the scavenging. It should be noted that
the reduced (or sometimes even eliminated) pulsation interference also contributes to the
improved pumping work. This is different from the twin-scroll turbocharger, which hinders
the exhaust gas back into the cylinder [192]. In the standard DEP concept, an even larger
portion of the exhaust mass flow backflows into the cylinder through the HP valve, but the
back-flowed exhaust residual, together with some of the hot residual from the cylinder, is
then evacuated from the LP valve, due to the larger pressure difference between the cylinder
and the LP exhaust manifold. It is also anticipated that such a layout benefits from advanced
spark timing, mainly due to the significantly reduced hot residual and the reduced
requirement of gross IMEP. However, as at the beginning of the blow-down phase and the
end of the displacement phase only one valve is involved, the exhaust valves might suffer
choke, which could negatively affect the pumping work. Higher HP exhaust manifold
temperature is also an issue, as the majority of high-enthalpy mass flow is evacuated during
the blow-down phase and a relatively low-enthalpy mass flow, which directly links to the LP
exhaust manifold does not balance some of the blow-down pulse temperature.

Medium speed full load (3000RPM):
At medium speeds, the exhaust energy is sufficient for the two-stage turbocharger system to
provide enough boost, but not as sufficient for only the LP turbocharger to boost the engine.
Both the HP and LP turbocharger systems are involved by separately being separately fed by
the distributed mass flow from the two exhaust valves via closing the intake bypass, HP
bypass and LP bypass. As the HP turbocharger adopted is significantly smaller than the LP
turbocharger, the LP valve opens prior to the HP valve, to reduce the backpressure at the
beginning of the exhaust stroke. The HP valve opens afterwards, targeting the required
engine performance. Compared to the conventional two-stage model, which utilises a HP
bypass to evacuate the excessive mass flow into the LP turbine, the DEP two-stage system
can directly divert the cylinder mass flow into the LP manifold without passing the gas
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through the relatively HP manifold, resulting in better pumping work. Figure 6.3 shows the
corresponding pumping loops in a standard P-V diagram at 3000RPM, which illustrates that
the pumping loss was decreased due to the reduced backpressure at the beginning of the
exhaust stroke. The averaged PMEP was improved from -2.19bar to -1.63bar with
approximately 0.5bar PMEP increase.

Such a scheme could also benefit from reduced pulsation interference. This is similar to the
configuration at high engine speed wherein, although it pushes a larger proportion of exhaust
residual back to the cylinder through the HP valve, the majority of the exhaust gas is then
evacuated through the LP valve to the LP manifold (see Figure 6.4). To have an easy
comparison, the mass flow rate of the original system is shown in Figure 6.5. It can be seen
that the original model did not feature back-flow, but the magnitude of the mass flow rate
was smaller than that of the LP valve in DEP two-stage configuration.

More details on the comparison of the different engine characteristics can be seen in Table
6.3. It can be seen that the combustion system of the DEP two-stage configuration does not
need to produce as much power as in the original model, due to the reduced power needed
to overcome the pumping resistance. This will lead to a smaller turbocharger power
requirement, resulting in reduced average intake pressure and temperature. Under knocklimited spark advance (KLSA), the combustion phasing will be advanced and the combustion
efficiency will be improved.
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Table 6.3. Averaged results for 3000RPM full load
Original DEP

gradient

Engine speed (RPM)

3000

3000

-

BSFC (g/kW*h)

273.6

266.7

2.5%

BMEP (bar)

31.50

31.50

-

Gross IMEP (bar)

35.20

34.63

-0.57 bar

PMEP (bar)

-2.19

-1.63

0.56 bar

RGF

3.49

3.48

-0.8

CA50 (degree)

32.3

31.5

degree

HP Turbocharger Power (kW)

5.14

4.61

-0.53 kW

LP Turbocharger Power (kW)

31.71

30.38

-1.33 kW

Average Intake pressure (bar)

3.38

3.27

-0.11 bar

304.7

-0.5 K

Average Intake temperature (K) 305.2

However, although such a layout could achieve better pumping work, the hot residual might
not decrease as much as in the high-speed layout. This is because such a layout can only
facilitate the scavenging at the beginning of the exhaust stroke, while not improving the
scavenging process during the displacement phase, where a larger scavenging of the exhaust
residual is required.

According to the calculation from GT-Power, the DEP two-stage model only achieved around
1% of hot residual decrease. The combustion phasing was observed to be improved, and this
is mainly due to the reduced gross IMEP requirement, which reduces the cylinder maximum
pressure and temperature, resulting in less likelihood to knock when compared to the same
engine operating point for the conventional two-stage counterpart. CA50, which represents
spark timing in the GT-Power model suggested, that the DEP two-stage model could achieve
an approximately 0.8 CA advance, which is beneficial for fuel efficiency and also
advantageous to the turbine inlet temperature. The overall net fuel efficiency was improved
by around 2.5%.
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Low speed full load (1500RPM):
At low speed, when the exhaust mass flow is insufficient, both the HP and LP turbocharger
system are operating. All the bypass valves are closed as at the medium speed. However, the
HP valves open ahead of the LP valves to fully take advantage of the smaller turbocharger.
From the perspective of the gas exchange process, the distribution of the exhaust mass flow
at low engine speed is similar to that at high engine speed, by feeding the blow-down pulse
into the HP manifold and bypassing the remaining displacement pulse directly into the LP
manifold. It should be noted that the low-pressure manifold refers to the post-LP-turbine and
pre-LP-turbine manifold, respectively, for high and low engine speed. From Figure 6.6, it can
be seen that the DEP two-stage system could achieve lower cylinder pressure when
compared to the original two-stage system during the whole exhaust stroke, due to the
significantly lower backpressure caused by the divided exhaust manifold. This will improve
the pumping work, making the turbochargers do less work and, most importantly, reduce the
requirement of the gross IMEP and reduce the hot residual gas fraction, resulting in better
combustion phasing. The averaged PMEP was increased by around 0.5bar and the value of
RGF was decreased from 3.73 to 2.14. CA50, which represents spark timing in the modelling,
advanced by around 1 degree. The net fuel efficiency was improved by 1.5%.

The pulsation interference effect can also be reduced or even eliminated at this operating
point. However, it should be noted that there is still pulsation interference from the HP
manifold to the cylinder but such effect is offset by the scavenging effect from the cylinder
to the LP manifold, which can be seen from Figure 6.7. Figure 6.8 shows the mass flow rate
for the conventional two-stage counterpart, for a direct comparison.

More details on the comparison of the different engine characteristics can be seen in Table
6.4. As in the medium-speed full-load condition, the reduced backpressure caused by the
DEP makes the combustion system of the DEP two-stage configuration do less work when
compared to the original model. This will reduce the power requirement of the turbocharger
system resulting in decreased intake temperature and pressure. Under KLSA, the combustion
phasing will be advanced and the combustion efficiency will be improved.
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Table 6.4. Averaged results for 1500rpm
Original DEP

gradient

Engine speed (RPM)

1500

1500

-

BSFC (g/kW*h)

250.4

246.2

1.7%

BMEP (bar)

27.67

27.67

-

Gross IMEP (bar)

29.06

28.53

-0.53 bar

PMEP (bar)

-0.22

0.30

0.52 bar

RGF

3.73

2.14

-42.6%

CA50 (degree)

27.7

26.9

-0.8 degree

HP Turbocharger Power (kW)

5.78

5.29

-0.49 kW

LP Turbocharger Power (kW)

3.89

3.62

-0.27 kW

Average Intake pressure (bar)

2.68

2.52

-0.16 bar

305.0

-0.4 K

Average Intake temperature (K) 305.4

Low load operating points (e.g. 1000RPM, 4.99bar):
It is known that internal EGR benefits at low and part loads due to the reduced pumping
losses and re-heat of the intake charge [74]. Conventionally, the overlap of the exhaust and
intake valve needs to be increased to capture more back-flow (internal EGR). For the fixedduration valve mechanism, retard of exhaust valve timing might be necessary. However, this
might cause the re-compression of the exhaust residuals during the first phase of the exhaust
stroke, resulting in an even larger pumping loss. In addition, some pumping loss might also
exist when the exhaust valve opens early, as the exhaust valves would be closed near to TDC,
causing the re-compression at the end of the exhaust stroke. Figure 6.9 illustrates such an
effect using different mean opening position (MOP) of the exhaust valves for the original
model. The red curve represents the early exhaust valve opening condition and the blue line
indicates the late exhaust valve opening situation. It is considered that if the duration of the
exhaust valve was increased, the pumping loss would be largely reduced.

At part or low loads, when the valve choke is not a problem, the DEP which operates the HP
and LP valves separately, could be utilised to extend the ‘duration’ of the exhaust valves. This
is not only beneficial to avoid the re-compression effect during the first phase of the exhaust
stroke but also advantageous to reduce, or even eliminate, the re-compression effect when
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the valve is about to close near TDC. To be more specific, one valve can capture the exhaust
mass flow from the end of the power stroke to the beginning of the exhaust stroke. The other
valve could be used as a mechanism to increase the overlap between the exhaust and intake
valve, in order to gain more internal EGR. By adopting this approach, the pumping loss could
be significantly reduced. Figure 6.10 shows the valve timing (including intake, HP and LP
valves) and the corresponding mass flow rate across each valve for this proposed engine
operating point.

In order to make it clearer, the P-V diagram of the original model was drawn together with
that of the DEP model (see Figure 6.11). It should be noted that the exhaust valve timing of
both the original and the DEP model was optimised to achieve the minimum BSFC. It can be
seen that the pumping loss of the DEP two-stage concept was nearly zero, while the original
model suffered from the negative re-compression effect during the end of the exhaust stroke
and lower intake charge pressure. In addition, the DEP two-stage model seems to have better
expansion work compared to the original counterpart. The net BSFC was improved by 6.9%
under this engine operating point.
Table 6.5. Averaged results for low-load Minimap points
Engine
speed
(RPM)
1000
1000
1250
1250
1250
1250
1500
1500
1500
2000
Total

BMEP
(bar)
1
4.99
1
9.99
7.49
3.74
2.5
6.54
8.74
4.99
-

Weighting
0.079
0.089
0.109
0.023
0.043
0.124
0.013
0.099
0.046
0.001
0.626

Weighting low load
0.126
0.142
0.174
0.037
0.069
0.198
0.021
0.158
0.073
0.002
1.000

BSFC Original
(g/kW*h)
549.2
288.4
544.8
249.3
260.9
306.6
350.0
265.8
252.3
283.3
-

BSFC DEP
(g/kW*h)
436.7
268.6
453.7
249.0
254.7
281.9
317.3
258.0
250.2
274.7
-

Difference
(%)
20.5
6.9
16.7
0.1
2.4
8.1
9.4
2.9
0.8
3.0
9.0

All the operating points in the low-load Minimap points (the high-load Minimap points were
not evaluated in this work) have demonstrated BSFC improvement, due to the reduced recompression and the effect of internal EGR. It is shown that the DEP two-stage system can
have better fuel consumption performance over the low-load NEDC drive cycle and, on
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average, 9% fuel consumption improvement could be achieved (the averaged fuel
consumption benefit in the whole driving cycle might be less if the high-load Minimap points
were also considered) .

6.5 Chapter summary and conclusions
Fuel efficiency optimisation for a DEP regulated two-stage downsized SI engine has been
conducted using a genetic algorithm, and it was found that the DEP two-stage system could
achieve better fuel efficiency across the engine speed at full load, due to the better engine
breathing characteristics and improved combustion phasing. The following summary and
conclusions are drawn from the study in this chapter:

1: At full load, the DEP two-stage system can achieve three different gas exchange processes
at high, medium and low engine speed, respectively. At high engine speed, by the controlling
of the three bypass valves, the system can be regarded as a standard DEP concept, with one
exhaust valve evacuating the first portion of the exhaust gas to the LP turbine, acting like a
traditional turbocharged engine, and the other exhaust valve feeding the latter portion of
the exhaust gas directly into the LP exhaust pipe, which behaves like a NA engine. By
combining the characteristics of both turbocharged and NA engines, high backpressure
between the turbine inlet and the exhaust port is maintained in the blow-down phase, while
significant reduction of the backpressure could be achieved in the later displacement phase.
This is directly beneficial for the pumping work and residual gas scavenging. Combustion
phasing is also considered to be improved, due to the reduced gross IMEP requirement and
significantly reduced RGF.

2: At medium engine speed, via the optimised distribution of the exhaust mass flow into the
HP turbine and LP turbine, low backpressure could be achieved at the beginning of the
exhaust stroke. Such a scheme could also benefit from reduced pulsation interference, but
the reduced backpressure at the beginning of the exhaust stroke might not significantly
facilitate the scavenging, as such a layout does not facilitate the scavenging during the end
of the exhaust stroke where a larger portion of the exhaust residual needs to be scavenged.
The corresponding combustion phasing improvement in the GT- power model was due to the
reduced gross IMEP requirement with the value of RGF kept the same level.
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3: At low engine speed, by opening the HP valve significantly earlier than the LP valve, the
DEP two-stage system could attain the target BMEP whilst achieving improved pumping
work. The backpressure was stated to be lower for the whole exhaust stroke when compared
to the conventional two-stage counterpart, with less pulsation interference observed during
the cycle. The reduced hot residual, together with the reduced gross IMEP requirement, was
demonstrated to be beneficial for the improvement of the combustion phasing.

4: At part loads (frequently used operating points over NEDC), the DEP two-stage system
could be used as a mechanism to extend the ‘duration’ of the exhaust valve. This will reduce
the re-compression effect of the exhaust residuals during the beginning and the end of the
exhaust stroke, compared to the original two-stage model, with late exhaust valve opening
and early exhaust valve opening. In addition, increased internal EGR, due to the increased
overlap between the LP and the intake valve, is beneficial for the improved PMEP, as the
throttle can be further opened to reduce the corresponding throttling loss. The average net
BSFC improvement is approximately 6-7%.
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Figures in Chapter 6

Figure 6.1. Schematic of a DEP two-stage system
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Figure 6.2. Schematic of an original two-stage system

Figure 6.3. Pumping loops in a standard P-V diagram at 3000RPM
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Figure 6.4. Mass flow rate across the valves for the DEP two-stage system at 3000RPM

Figure 6.5. Mass flow rate across the valves for the original system at 3000RPM
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Figure 6.6. Pumping loops in a standard P-V diagram at 1500rpm

Figure 6.7. Mass flow rate across the valves for the DEP two-stage system at 1500RPM
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Figure 6.8. Mass flow rate across the valves for the original system at 1500RPM

Figure 6.9. Pumping loops in a standard P-V diagram at 1000rpm 4.99bar BMEP
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Figure 6.10. Valve profile and mass flow rate across each valve

Figure 6.11. Pumping loops in a standard P-V diagram at 1000rpm 4.99bar BMEP
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Chapter 7 – Modelling the turbo-expansion
concept
Engines equipped with pressure charging systems are more prone to knock, partly due the
increased intake temperature. Meanwhile, turbocharged engines when operating at high
engine speeds and loads cannot fully utilise the exhaust energy as the wastegate is opened
to prevent over-boost. Thus, the turbo-expansion concept is conceived in order to reduce the
intake temperature by utilising some otherwise unexploited exhaust energy.

This concept can be applied to any turbocharged engines equipped with both a compressor
and a turbine-like expander on the intake loop. The turbocharging system is designed to
achieve the maximum utilisation of the exhaust energy, from which the intake charge is overboosted. After the intercooler, the turbine-like expander expands the over-compressed intake
charge to the required plenum pressure and reduces its temperature whilst recovering some
energy through the connection to the crankshaft. It is anticipated that such a concept has
benefits for knock resistance and energy recovery, despite suffering higher pumping losses.

Analogically, the turbo-expansion concept can also be adopted to behave like a conventional
throttle for SI engines at part load, in order to reclaim some throttling energy by expanding
the close-to-ambient pressure (1bar) to the required intake manifold pressure (normally
<0.5bar).

This chapter will present the simulation results using the turbo-expansion concept at both
high load and low load. The comparison, discussion and conclusion in this chapter have been
presented at SAE 2014 International Powertrain, Fuels & Lubricants Meetings and published
in the SAE International Journal of Engines (first presented at the SAE 2015 World Congress &
Exhibition).
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7.1 Introduction
Downsizing and turbocharging are believed to be the mega trend for SI engines in future
decades in terms of addressing fuel economy and environmental issues. However, some
inherent characteristics, such as turbo lag and low-end torque, significantly affect the driving
comfort performance. The combination of supercharger and turbocharger system seems to
be one of the viable solutions to take into account both fuel efficiency and driving fun.

In a standard Turbo-Super system (see Figure 7.1), the supercharger provides
complementary boost at low to medium engine speed and full load and is declutched at high
engine speed and low-load region, where the exhaust energy is sufficient for the
turbocharger to provide the required boost and where the engine is ‘off boost’, which is
indicated in Figure 7.2. For passenger car gasoline engines, the most frequently used
superchargers are the positive displacement type, and centrifugal devices are often seen in
the turbocharger system.

At high load for low engine speed, both the supercharger and the turbocharger are involved
to provide the target boost. However, at high engine speed, the supercharger does no work
since it is declutched. Meanwhile, at some operating points, especially under WOT condition,
some of the exhaust energy is wasted by opening the turbine wastegate to prevent overboost and high pumping loss. From the perspective of energy conservation, this may not be
desirable. The question here is how the exhaust mass flow can be fully utilised.

One possible solution, which is termed turbo-expansion, is proposed by Turner et al. [52].
Figure 7.3 and Figure 7.4 show the schematic and the T-S diagram for this concept. The air is
initially over-compressed by the conventional turbocharging process to point X, cooled to
point Y via an intercooler, and then passed through the expander to point Z, in which state it
enters the engine. When Figure 7.1 and Figure 7.3 are compared, it can be seen that the only
difference is the device type downstream of the turbocharger. In a Turbo-Super
configuration, the unit after the turbocharger is basically a compressor, whilst in the turboexpansion concept a turbine-like expander should be utilised.

This only difference was overcome in an experimental research by Romagnoli et al. [59]
where they conducted a study on supercharger as an expander. It was considered to be the
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first available performance test data in the public domain of an Eaton supercharger (positive
displacement) acting as an expander [59]. The authors found that in order to deliver a similar
mass flow range to the engine when it is operated as an expander, the supercharger must
spin at a slower rotational speed. For example, if an expansion ratio of 1.4 was desired, in
order to deliver a similar engine mass flow, the supercharger would have to spin at
approximately half the speed compared to the operation as a compressor (see Figure 3.16).
In addition, when the supercharger was used as an expander, the isentropic efficiency
dropped significantly to be around 45%, as can be seen in Figure 3.17. It is thus suggested
that the supercharger could function either as a compressor or an expander if a CVT was
installed.

This chapter will propose a new turbo-expansion concept for a Turbo-Super engine system,
using data from Imperial College London. The turbocharging system is designed to achieve
maximum utilisation of the exhaust energy, from which the intake charge is over-boosted.
After the intercooler, the supercharger acts like a turbine, expanding the over-compressed
intake charge to the required plenum pressure and reducing its temperature whilst
recovering some energy through the connection to the crankshaft (see Figure 7.5).

The turbo-expansion concept will feature a lower intake charge temperature, which might
result in improved combustion phasing and will also benefit from the reclaimed energy from
the supercharger when functions as an expander. However, since some of the otherwise
unexploited exhaust mass flow is forced into the turbine, a larger backpressure should be
anticipated, which could lead to a larger engine pumping loss. The net BSFC improvement by
adopting such a concept should depend on the balance of PMEP, combustion phasing and
energy recovered.

In order to show the effect of lower intake charge temperature on the combustion phasing,
the constant air density test was conducted at 1500RPM and the results, in terms of KLSA,
are presented in Figure 7.6 below. This shows clearly that for each set of constant charge air
density data, as the air temperature was reduced, KLSA increased correspondently.

It is also conceived that by lowering the intake charge temperature, the engine’s geometric
compression ratio could be increased under fixed-knock index condition, thus improving the
thermodynamic efficiency of the engine across the whole of the operating points. Equation
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7.1 shows the SI engine’s ideal thermodynamic cycle efficiency, which is dictated by engine’s
compression ratio (𝑟) and the ratio of specific heats of the working fluid (𝛾). To make it
clearer, ideal Otto cycle efficiency versus compression ratio is plotted in Figure 7.7 [193].
1

𝜂𝑖𝑑𝑒𝑎 = 1 − 𝑟𝛾−1

7.1

The turbo-cooling concept [55-56] can also achieve cooling-intake effect. In a TCS, both
additional compressor and turbine are utilised to compress and expand the intake charge. By
removing the heat with an intercooler and making the expansion ratio greater than the
compression ratio, sub-ambient temperature could be achieved (see Figure 7.8). However,
unlike the turbo-expansion concept, the turbo-cooling concept does not reclaim energy but,
instead, leads to lower pumping loss.

There are some similarities between the new turbo-expansion concept and turbocharged
Miller cycle. They both have larger backpressure and larger after-turbocharger-compressor
pressure. The aim of both configurations is to lower the cylinder temperature at the point of
ignition in order to mitigate knock at high load. However, the Miller cycle allows a reduction
in effective compression ratio and transfers the compression work from the cylinder to the
turbocharger compressor, with the charge cooled as an intermediate stage. While the new
turbo-expansion concept differs from the Miller cycle, by reducing the charge temperature
via the high-pressure stage expander, it does not change the compression stroke, and has a
plenum pressure similar to its conventional turbocharged counterpart.

The CVT driven supercharger in the new turbo-expansion concept features the characteristic
of recovering some over-compressed intake energy by lowering the intake pressure at high
load. Analogically, the CVT supercharger can also be adopted to replace the conventional
throttle for SI engines at part load, to recover some throttling energy by expanding the closeto-ambient pressure (1bar) to the required intake pressure (normally <0.5bar). It is conceived
that by reclaiming some throttling loss through the supercharger, part-load fuel efficiency
could be improved. In addition, the cooling effect of the supercharger expansion could
lighten the load of the after-cooler, which is beneficial for knock resistance and volumetric
efficiency for the following possible high-load cycle.

This chapter will only investigate the BSFC benefit at high engine speed or low-load region
when the supercharger functions as an expander. Thus, the performance of the supercharger
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when operated as a normal compressor is not considered in this piece of work. While this
dual purpose is not possible with a fixed-ratio drive, model-based research into the use of a
CVT drive supercharger has been carried out by other authors [163]. Thus, such a switch
between compressor and expander operation could be conceived using such a variable-ratio
drive system.

This work will first investigate the net fuel efficiency benefit from the turbo-expansion
concept at full load. Following that, the methodology of the new de-throttling concept
utilising the turbo-expansion concept is proposed and simulated.

7.2 Methodology
For the simulation work presented in this chapter a 1-D model of a highly downsized SI engine
detailed in Table 7.1 was used as a starting point (the schematic can be seen in Figure 7.1).
In addition, some experimental data has been gathered at Imperial College on the
performance of an Eaton supercharger when operated as an expander. The corresponding
data can be seen in Figure 3.16 and Figure 3.17.
Table 7.1. Basic Parameters of the simulated engine
Engine Type

-

Inline-4-cylinder

Capacity

cc

1991

Bore

mm

83

Stroke

mm

92

Compression ratio

-

9.0:1

Firing Order

-

1-3-4-2

Combustion System

-

Gasoline GDI

Valvetrain

-

Spec. Power

kW/l @ min

Spec. Torque

Nm/l @ min 255 @ 3500

max. BMEP

bar @ min

Air Charging System -

DOHC, Cam Phasers and Cam Profile Switch on
Intake and Exhaust Camshafts
142 @ 6500

35 @ 3500 and 25 @ 1000 &6500
HP: Eaton R410, LP: Honeywell GT30
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From Figure 3.16, it can be seen that, for a given pressure ratio, the relationship between the
mass flow and the rotational speed was nearly linear. It should be noted that the mass flow
here was much lower than that required at WOT condition (over 200g/s) and higher than
that needed at low load.

It is conceived that by bypassing some intake mass flow directly into the plenum (see Figure
7.9) or extrapolation of the existing data could be a viable solution, considering that the
experimental data for higher and lower rotational speed is not feasible in a short time. For
the simulation results in the next section, firstly the bypassing approach was adopted to
investigate the net BSFC improvement by using the new turbo-expansion concept. Then, the
extrapolation method was employed to examine the benefits obtained from higher
rotational supercharger speed. For the low-load region, only the extrapolation method was
used.

Figure 3.17 shows that the isentropic efficiency for the supercharger as an expander was
limited between 40% and 50% which is much lower than the efficiency when the
supercharger is utilised as a standard compressor. This is due to fact that the original
supercharger was not designed to operate as an expander. It should be noted here that the
definition of expansion efficiency was simply taken from a turbine definition, as shown in
Equation 7.2. In section of 7.4 in this chapter, the net BSFC benefit from improved
supercharger (expander mode) efficiency will also be investigated.
𝑇
1−( 𝑇,𝑂𝑈𝑇 )
𝑇

𝑇,𝐼𝑁
𝜂 𝑇𝑇 = 1−(1⁄(𝐸𝑅)
𝛾−1 ⁄𝛾

where

ER =

)

7.2

PT,IN
⁄P
T,OUT

GT-Power has templates for a positive displacement compressor but does not have such a
template for a turbine-like expander. In addition, a turbine template such as “TurbineMap”
is normally used for centrifugal turbines, which embed pre-defined fitting algorithms
developed only for centrifugal turbines (detailed in Chapter 4). Thus, the template named
“TurbineMapGrid” was adopted here to only perform a raw fitting of the experimental data.
Of course, this would require more data in order to provide an accurate representation, but
would potentially model the supercharger as an expander concept quite well.
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7.3 Simulation results at high load
Existing data simulation
In this section, the existing experimental data will be used to investigate the net BSFC benefit
when adopting the new turbo-expansion concept. The idea is to use a supercharger bypass
to keep the mass flow rate in the range of the existing experimental data whilst controlling
the wastegate of the turbine, in order to target the required BMEP.

For the purpose of simplicity, only the WOT operating point at 6500RPM was simulated. In
addition, in order to provide sufficient mass flow rate, an 8000 rev/min supercharger speed
was used.
Table 7.2. Averaged results for the original and the new turbo-expansion concept
Engine Speed: 6500RPM

Original Expansion-cooling

BMEP (bar)

26.24

BSFC (g/kW*h)

258.7

259.6

Average Pressure (bar)

2.78

2.83

Average Temperature (K)

324.4

324.8

PMEP (bar)

-2.19

-2.31

Spark Timing (ATDC degree)

17.4

18.0

Energy Recovered (kW)

-

1.32

Supercharger Efficiency

-

40.78%

15.8

12.6

Wastegate Diameter (mm)

It can be seen in Table 7.2 that BSFC performance was not improved as predicted, due to the
fact that both the engine breathing characteristics and the combustion phasing were
degraded. Pumping loss was predictably increased as the wastegate was closed further to
provide energy to cool the intake charge. The increased intake temperature was clearly
undesirable, seeing that the principle of the new turbo-expansion concept was to decrease
intake temperature, in order to improve the combustion phasing. This is probably because
the poor isentropic efficiency of the supercharger when functioning as an expander, and is
also attributed to the fact that some exhaust mass flow did not enter into the supercharger
for cooling. It is considered that by increasing the isentropic efficiency of the supercharger as
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an expander or forcing more mass flow into the supercharger, there would be some net BSFC
improvement.

It can be concluded here that by using the exiting data (bypassing some exhaust mass flow
directly into the intake plenum), no BSFC improvement was observed, although some of the
otherwise unexploited waste exhaust energy was recovered indirectly through the
supercharger to the engine. More efforts should be focused on the intake temperature
decrease to accomplish the task of expansion cooling.

Extrapolation of the existing data
In this section, a process of extrapolation from the existing data was conducted. It can be
seen from Figure 3.16 that the relationship between the mass flow and the supercharger
(expander-mode) rotational speed is nearly linear. Thus, a simplified linear model was
adopted to predict the mass flow at high supercharger rotational speed. By doing the
extrapolation method, it is conceived that GT-Power can calculate the efficiency and pressure
ratio when all the mass flow is entered into the supercharger, thus making more use of the
expansion-cooling effect. The wastegate was also used to control the target BMEP as in the
original model, and Table 7.3 shows the averaged results for the original and the new turboexpansion concept, when maps have been extrapolated as explained.
Table 7.3. Averaged results for the original and the new turbo-expansion concept
Engine Speed: 6500RPM

Original Turbo-expansion

BMEP (bar)

26.2

BSFC (g/kW*h)

258.7

258.6

Average Pressure (bar)

2.78

2.82

Average Temperature (K)

324.4

322.0

PMEP (bar)

-2.19

-2.31

Spark Timing (degree)

17.4

17.9

Energy Recovered (kW)

-

2.16

-

45%

15.79

12.48

Supercharger

(expander

mode) Efficiency
Wastegate Diameter
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It can be seen that, although the expansion-cooling effect was fulfilled, there was very little
BSFC improvement. This is, of course, partly due to the larger pumping loss, which was an
inherited characteristic of the new turbo-expansion concept, and is partly attributed to the
retarded combustion phasing, which was not predictable. In the following section, the reason
why the combustion phasing was not improved is investigated by looking at the Douaud &
Eyzat knock model in GT-Power [191]. The detailed of this model is seen in Section 6.3.

It can be seen from both Equation 6.2 and Equation 6.3 that the induction time integral and
the knock index are strongly related to the cylinder end-gas pressure and temperature. Endgas temperature and pressure is related to the temperature and pressure of the mixture at
the start of the combustion process, which is related to the averaged boost pressure and
intake temperature. The new turbo-expansion concept has the benefit of reducing the
averaged intake temperature but also features increased boost pressure, thus, at fixed knock
index point, combustion phasing might be improved or degraded depending on the
combination effect of the intake temperature and boost pressure.

In addition, RGF is also an important parameter, which significantly affects knock index. The
new turbo-expansion concept features larger backpressure, thus RGF would be increased,
resulting in larger knock index or, in other words, under fixed knock index condition the
combustion phasing needed to be retarded.

It is hereby concluded that when the supercharger (expander mode) operates at a lower
efficiency, the new turbo-expansion concept using the experimental data may not feature
improved combustion phasing, but can benefit from an indirect energy recovery. Larger
pumping loss was also an important factor, which negatively affects the BSFC performance.

7.4 Discussions at high loads
Supercharger speed sensitivity study:
It is known that at high engine speed the turbocharger could provide a larger boost, while
the supercharger supplies a larger expansion to make the intake manifold pressure
approximately the same level. The larger boost supplied by the turbocharger could be
achieved by further closing the wastegate, and a larger expansion could be targeted through
further slowing the supercharger speed. Described in the following section, a supercharger
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speed sensitivity study was conducted to see how the supercharger speed impacts the
engine’s BSFC performance.

From Figure 7.10 to Figure 7.14, it can be seen that the engine’s BSFC performance is not
sensitive to the supercharger speed. Although at lower supercharger rotational speed the
energy that could be reclaimed increased, the pumping losses would be degraded and the
sparking timing retarded, due to the larger RGF.

Supercharger isentropic efficiency sensitivity study:
In the previous section, only very limited BSFC improvement was demonstrated, which is
attributed to the degraded combustion phasing and poor engine breathing characteristics.
Such results seem to be reasonable as the supercharger device, as designed, was not
intended to be used as an expander. In the following section, the isentropic efficiency of the
supercharger (expander mode) was increased from 45% to 90%, in order to test the influence
of improved performance. As before, the diameter of the wastegate was used to control the
target BMEP. For simplicity, only the rotational speed of the supercharger 14000 rev/min was
studied.

It can be seen from Figure 7.15 that when the efficiency of the supercharger was increased,
the BSFC performance improved, and it provided better fuel economy than the original
engine model when the efficiency was above 50%. More details on the engine breathing
characteristics, combustion phasing, and energy recovery can be seen from Figure 7.16 to
Figure 7.19.

It is shown in Figure 7.16 that the pumping loss was decreased for the increased supercharger
(expander mode) isentropic efficiency. This would result in an increased diameter of the
wastegate, as less boost pressure was needed to overcome the resistant pumping work. But
even when the efficiency was 90%, compared to the original model, the new turbo-expansion
concept still suffered larger pumping loss. This is due to the fact that some of the exhaust
mass flow was forced into the turbine to provide the required energy to cool the intake
charge.

The combustion phasing was also improved with the increased supercharger (expander
mode) isentropic efficiency (see Figure 7.17). As explained in the section on extrapolation of
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the existing data, combustion phasing is affected not only by the intake temperature and
boost pressure but also the residual gas fraction. However, even if the isentropic efficiency
of the supercharger as an expander could achieve approximately 90%, the combustion
phasing of the engine adopting the new turbo-expansion concept would still be not improved
in comparison with the original model. In Figure 7.18, it can be seen that the expansioncooling effect was fulfilled. However, it also shows that, although for increased isentropic
efficiency of the supercharger (expander mode) the corresponding value of the boost
pressure decreased, the new turbo-expansion concept cannot achieve reduced boost
pressure when compared to the original model.

The energy recovered by the supercharger with different supercharger (expander mode)
efficiency is shown in Figure 7.19. It can be seen that, with increased efficiency, the energy
recovered increased significantly, from around 2.2 kW to approximately 3.9 kW. But it should
be noted that the assumption of 100% mechanical efficiency was made here whereas, in
reality, less energy would be recovered, resulting in a smaller BSFC improvement.

7.5 Simulation results at low load
Extrapolation method:
In order to provide sufficient data to GT-Power with the consideration that the experimental
data for lower rotational speed and higher pressure ratio is not feasible in a short time, some
viable extrapolation method needs to be employed. As this is only a research exercise, some
simplified assumptions are made here.


For a given supercharger rotor speed, the relationship between the pressure ratio and
the corresponding mass flow rate is nearly linear



For a given pressure ratio, the relationship between the mass flow and the supercharger
rotational speed is ascending, and the curve goes through the point (0, 0).



The isentropic efficiency of the supercharger functioning as an expander is assumed to
be a constant 45%, which is a fair representation of the data shown in Figure 3.17.

Figure 7.20 and Figure 7.21 show the extrapolated data using the assumptions mentioned
above; Figure 7.22 is the re-organised standard performance map for the supercharger
functioning as an expander. When compared to the performance map of the supercharger
under compression mode (see Figure 7.23), the supercharger map under ‘expansion mode’
looks sufficiently reasonable.
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Throttling losses model:
The power that is lost in the throttling process and thus available to the expander is called
the wasted work or lost work, which could be represented by the following equation:
𝑏1 − 𝑏2 = ℎ1 − ℎ2 − 𝑇0 (𝑠1 − 𝑠2 )
where 𝑏1 , ℎ1 , 𝑠1 are the exergy, enthalpy and entropy before the throttle, 𝑏2 , ℎ2 , 𝑠2 are the
exergy, enthalpy and entropy after the throttle, and 𝑇0 is the ambient temperature. Figure
7.24 shows the exergy destructed in the throttling process at engine speed from 1000RPM
to 3000RPM and engine BMEP from 1bar to 5bar.

Minimap: For simplicity, only Minimap point numbers 8 and 9 (see Table 6.2) were selected
for investigation into the benefits of the new de-throttling concept, considering the following
facts:


The necessity for a throttle plate in the original downsized engine;



Relatively high weighting.

Control strategy and calibration:
In order to achieve the required BMEP target, the LP turbine wastegate was set to be fully
closed. With fully-closed wastegate, the fuel consumption of the throttled engine will be
slightly higher, due to the increased exhaust backpressure. However, as the simulation was
run at very low engine load, the fuel economy is very similar between the wastegate fully
closed and the fully-open configuration.

In the engine calibration, the wastegate could also be fully closed or fully open for different
purposes (sporty or economy) at part load. The reason why both the throttled model and the
de-throttled counterpart are calibrated with the wastegate fully closed is the consideration
to show the maximum fuel consumption improvement potential by utilising the new dethrottling concept. The valve timing and the combustion profile of the model were retained
as in the throttled counterpart. The rotational speed of the supercharger was optimised to
attain the target engine BMEP with the throttle plate fully opened.

At a start point for this investigation, Minimap point 9 (1000RPM, 4.99bar BMEP) was
selected, owing to its high NEDC weighting value and reasonable load requirement. Figure
7.25 shows the supercharger speed map under ‘expansion mode’ in GT-Power with the cycle
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average value. It can be seen that the averaged pressure ratio is above 1, which could reduce
the inlet temperature.

From Table 7.4, it can be seen that the required low BMEP can be achieved by altering the
supercharger rotational speed without the need for the conventional throttle control. BSFC
was improved by 1.4% due to some of the throttling energy recovery. It should be noted here
that the supercharger downstream temperature dropped significantly from 305K to 281K,
which is beneficial for the volumetric efficiency and, most importantly, is advantageous to
cool the after-cooler, resulting in enhanced knock resistance for the following possible highload cycle. However, cold intake air will increase the intake pumping work, although the
effect of the temperature on the intake pumping work is very limited. In the following table,
a lower BMEP point at the same engine speed (1000RPM, 1bar) was selected in order to
investigate the effect of the supercharger de-throttling concept under a similar high
weighting operating point in the NEDC cycle.
Table 7.4. Parameters of the de-throttling concept and the throttled counterpart at
Minimap point 9
De-throttling

Throttled

Concept

Counterpart

BMEP (bar)

4.99

4.99

Engine Speed (RPM)

1000

1000

Brake Power (W)

8279

8279

Supercharger Rotational Speed (rev/min)

495

0

294.9

299.1

281

305

181.7

0

BSFC (g/kW*h)
Supercharger Downstream Temperature
(K)
Throttling Energy Recovery (W)

Table 7.5 shows the averaged results of the de-throttling concept and the throttled
counterpart at 1000RPM and 1bar BMEP. Compared to Table 7.4, it can be seen that BSFC
improvement was incremented from 1.4% to up to 3.3%. This is mainly due to the increased
proportion of the recovered energy. The supercharger downstream temperature was also
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reduced a lot to sub-ambient. The condensation effect needs to be considered in this
situation, and will be demonstrated in the discussion section.
Table 7.5. Parameters of the de-throttling concept and the throttled counterpart at
Minimap point 8
De-throttling

Throttled

Concept

Counterpart

1

1

Engine Speed (RPM)

1000

1000

Brake Power (W)

1673

1673

Supercharger Rotational Speed (rev/min)

156

0

550.8

569.8

258

307

149.4

0

BMEP (bar)

BSFC (g/kW*h)
Supercharger Downstream Temperature
(K)
Throttling Energy Recovery (W)

Figure 7.26 and Figure 7.27 show the throttling loss recovery and the supercharger speed
across the engine speed, respectively. It can be seen that with increased engine speed and
increased engine torque, the achievably reclaimed throttling loss and the supercharger speed
increased, which is mainly due to the mass flow requirement.

Figure 7.28 shows the BSFC improvement in percentage across the engine speed under low
load. It can be seen that the maximum BSFC improvement occurred under low engine speed
and low engine torque with decreased trend to the higher engine speed and higher engine
torque. The supercharger outlet temperature can be seen in Figure 7.29 which illustrated
that, with lower engine torque and engine speed, the supercharger outlet temperature
tended to be lower (even to sub-ambient).

Controllability:
Since the supercharger rotational speed could be optimised to provide the required target
BMEP, the control of the throttle valve in an SI engine can be replaced by the control of the
supercharger rotational speed via a CVT. Figure 7.30 shows BMEP vs supercharger rotational
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speed which indicates the CVT supercharger de-throttling concept has a good controllability
over the frequently part load.

7.6 Discussion at High Loads
Transient performance:
The CVT-driven supercharger is potentially beneficial for an engine’s transient performance
due to the overshoot characteristics of the supercharger [163]. However, the time-to-torque
performance of the new de-throttling concept will depend on the CVT change ratio and the
largest CVT reaction torque (sum of the CVT input and output torque) limit. To the authors’
knowledge, due to the large inertia of the positive displacement supercharger system and
the current CVT design, the time-to-torque transient performance of the new de-throttling
concept might not be as good as in its de-throttled counterpart.

By adopting supercharger de-throttling concept, it is anticipated that a conventional clutch
might not be needed, which is beneficial from the cost performance viewpoint. In addition,
the NVH issues caused by the engagement of the clutch during the transient will be
eliminated, which, compared to the clutched counterpart, improves the driving comfort.

CVT ratio range:
In the simulation conducted above, it is not considered whether typical existing CVT systems
can achieve the required low torque. According to Rose et al. [163] typical Milner CVT, fulltoroidal/half-toroidal CVT and belt-drive CVT have CVT ratio ranges of 4.5, 6.0 and 6.0,
respectively. However, this data is at least three years old, given the date of the publication.
Without considerable review of the current typical CVT ratio range, it is anticipated that a
CVT ratio range of 8 may be achieved with current technology.

For the research model of the two-stage downsized engine, a fixed-gear ratio between the
supercharger and the engine needs to be at least 5.9 to attain the required full-load BMEP.
If the value of 5.9 is set to be the largest possible CVT ratio, then the lowest possible CVT
ratio would be 0.74 (at 1000RPM, supercharger rotational speed can only be down to
740rev/min) if a CVT ratio range of 8 was adopted. This means that both the target BMEP of
Minimap point 8 and Minimap point 9 cannot be attained if the CVT is the only control
parameter of the engine. In this situation, an additional throttle valve might be needed to
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provide additional pressure drop, which will lead to raised supercharger downstream
temperature and relatively higher BSFC, due to the throttling effect of the throttle valve.

Condensation effect:
It is considered that one of the phenomena to cause condensation corresponds to the
supercharger de-throttling concept in which the intake air parcel expands and cools. Eichhorn
et al. state that the energy released through the condensation effect increased linearly with
the temperature drop [50]. In the results section, it is found that operating points with lower
BMEP characteristics lead to higher temperature drop; thus, condensation is a very important
feature during these conditions. As GT-Power does not feature condensation effect in its
default setting, thus no condensation effect could be assumed for the purpose of simplicity.

However, in an experiment, the inlet mass flow could release some heat after the
supercharger, due to condensation resulting in a relatively higher downstream temperature.
This could either influence the cooling effect of the outlet charge to the after-cooler or
influence the calculation of the expansion recovery power, due to the smaller difference of
the temperature.

The trade-off between the combustion efficiency and the recovered throttling energy:
The new de-throttling concept aims to reclaim some throttling energy and reduce the power
required in the combustion system at fixed-engine operating point. However, for the dethrottling concept, the combustion efficiency will drop as the cylinder pressure and gross
IMEP is reduced (combustion under high pressures is thermodynamically more efficient). The
brake engine efficiency therefore depends on the combustion efficiency drop and the energy
reclaimed by the supercharger. In this work, it can be seen that the recovered energy is above
the efficiency loss in the combustion system. For example, in GT-Power, at 3000RPM and
16.1Nm, the de-throttling concept has an indicated efficiency of 26.88% and brake efficiency
of 14.09%, compared to the throttled counterpart with an indicated efficiency of 27.47% and
brake efficiency of 14.03%.

However, for this specific work, it is seen that recovered energy is way above the efficiency
loss in the combustion system.
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Supercharger operating points extension:
Since the supercharger could have a normal compression mode and an unconventional
‘expansion mode’, the operating range of the supercharger could be significantly extended
for a turbo-super configuration SI engine (see Figure 7.31). To be more specific, the
supercharger can supply an additional boost at low speed/high load when the turbocharger
energy is not sufficient. At high speed/high load, when the exhaust energy is sufficient for
the turbocharger to provide the required boost, the supercharger could function as an
expander, presenting an indirect means to recover some of the exhaust energy. At part load,
the supercharger could serve as a de-throttling mechanism to recover some of the otherwise
wasted throttling loss, through a direct connection to the crankshaft. Thus, with different
CVT ratio, the supercharger could fulfil different tasks, which could push the fuel efficiency
of the downsized two-stage SI engine further.

7.7 Chapter summary and conclusions
A novel turbo-expansion concept has been proposed using a Turbo-Super twin-charger 1-D
simulation model. The turbocharging system is designed to achieve the maximum utilisation
of the exhaust energy, from which the intake charge is over-boosted. After the intercooler,
the turbine-like supercharger expands the over-compressed intake charge to the required
plenum pressure and reduces its temperature, while recovering some energy through the
connection to the crankshaft. A new de-throttling concept has also been proposed utilising
the CVT driven supercharger to ‘throttle’ a Turbo-Super configuration SI engine rather than
adopting a conventional throttle valve. The following summary and conclusions are drawn
from the study in this chapter:

1: At high load, when the model was first simulated, it was found that the expander model
using the existing experimental data could not supply enough mass flow, due to the range of
tested supercharger (expander mode) speed data and the fact that the expander template
can only perform a raw fitting of the data. The approach of using the bypass of the
supercharger was adopted to keep the mass flow into the supercharger within the range of
the tested data. It was found that such a layout did not achieve the purpose of expansioncooling, due to the poor efficiency of the supercharger and because some mass flow did not
enter into the supercharger for cooling. In addition, with increased boost pressure and RGF,
the combustion phasing was degraded. Pumping loss of the engine adopting the new turboexpansion concept was also poorer than in the original model. However, such a layout
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benefited from the energy recovered from the supercharger. In total, the BSFC performance
was not improved.

In order to investigate the effect when all the intake mass flow enters into the supercharger,
the experimental data was extrapolated to higher rotational speeds. The relationship
between the mass flow and the rotational speed was assumed to be linear and the isentropic
efficiency was assumed to be 45%. The results showed that the expansion-cooling task was
accomplished, but the poor isentropic efficiency of the supercharger functioning as an
expander resulted in a limited improvement in BSFC.

The poor improvement in BSFC is reasonable since the Eaton supercharger was not designed
to operate efficiently under expansion. The isentropic efficiency was therefore manually
increased from 45% to 90%, in order to investigate the net BSFC improvement from a more
suitable-imaginary supercharger. The results seemed different from those of previous
studies, showing that, even with isentropic efficiency as high as 90%, the combustion phasing
was not improved significantly, due to the higher boost pressure and larger RGF. Pumping
loss and energy recovered were, as predicted, decreased and increased, respectively. The
final BSFC was improved by approximately 1%. This might suggest that the new turboexpansion concept is not suitable for this specific simulated engine model, although this
novel gas exchange concept could be used in some other engines for its own interest.

2: At low load, by recovering some throttling loss through the supercharger, part-load fuel
efficiency could be improved by up to 3%, depending on the operating points. In addition,
the cooling effect of the supercharger expansion could lighten the load of the after-cooler,
which is beneficial for the knock resistance and volumetric efficiency for the following
possible high-load cycle. However, the issues of limited supercharger operating range with
an existing production CVT, condensation, fuel evaporation and worse pumping work need
to be addressed before taking the supercharger-throttling gas exchange process from
concept to reality.

The rotational speed of the supercharger could also be used as a control mechanism to attain
the required part-load target. However, more investigation in this area needs to be
conducted.
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Since the supercharger could have a normal compression mode and an unconventional
‘expansion mode’, the operating range of the supercharger could be significantly extended
for a Turbo-Super configuration SI engine.
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Figures in Chapter 7

Figure 7.1. Schematic of a standard Turbo-Super system [163]

Figure 7.2. Operating range of a conventional supercharger
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Figure 7.3. Schematic of simplified turbo-expansion system. [52]

Figure 7.4. T-S diagram for turbo-expansion system. [52]
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Figure 7.5. Proposed Turbo-Super system using Eaton supercharger

Figure 7.6. KLSA versus change air temperature for constant charge air density tests
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Figure 7.7. Ideal Otto cycle efficiency versus compression ratio

Figure 7.8. Schematic of turbo-cooling concept. [56]

Figure 7.9. Air flow paths in the WEDACS system [6] *
* The turbine here refers to the supercharger which behaves like a turbine rather than a compressor
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Figure 7.10. Impact of supercharger speed on engine BSFC performance
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Figure 7.14. Impact of supercharger speed on CA50
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Figure 7.15. BSFC performance at increased efficiency point
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Figure 7.17. Combustion phasing performance at increased efficiency point
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Figure 7.19. Energy recovered performance at increased efficiency
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Figure 7.20. Pressure ratio vs. mass flow rate at given supercharger rotational speed

Figure 7.21. Mass flow rate vs. supercharger rotational speed at given pressure ratio
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Figure 7.22. Supercharger performance map under expansion mode

Figure 7.23. R410 TVS supercharger performance map under compression mode. [9]
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Figure 7.24. Exergy destructed in the throttling process for a twin-charged downsized
engine

Cycle Average Values

Figure 7.25. Supercharger speed map under expansion mode
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Figure 7.26. Throttling loss recovery across the engine speed under low load

Figure 7.27. Supercharger speed across the engine speed under low load
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Figure 7.28. BSFC improvement across the engine speed under low load

Figure 7.29. Supercharger outlet temperature (K) across the engine speed under low load
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Figure 7.30. BMEP vs Supercharger rotational speed at 1000RPM
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Figure 7.31. Supercharger operating range of a twin-charged gasoline engine
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Chapter 8 – Modelling and testing the
variable-drive supercharging concept

A supercharger system which boosts the engine via a direct drive from the engine crankshaft
has been identified as a possible solution to improve low-end torque and transient response
for a conventional turbocharged SI engine. However, the engine equipped with a fixed-ratio
supercharger is not as fuel-efficient, especially at high load and low speed, due to the fact
that a large portion of the intake mass air flow has to recirculate through a bypass valve
causing inevitable mechanical and flow losses. In addition, the fixed-drive ratio of the
supercharger, which is mainly determined by the full-load requirements might not be able to
provide sufficient over-boost during a transient. The fact that a clutch may be necessary for
high engine speed operation on the fixed-ratio supercharger system is another issue from the
perspective of cost and NVH performance.

This chapter will present a simulation and experimental investigation to look at alternative
boosting systems applied to a Ford 1L EcoBoost engine, in order to achieve an enhanced
target torque curve The objective was to assess the performance of a centrifugal-type
supercharger system driven via a Torotrak CVT against a fixed-ratio positive-displacement
supercharger solution. Both concepts feature a fixed-geometry waste-gated turbocharger.

Part of the comparison, discussion and conclusion in this chapter have been presented and
published at the 2015 JSAE/SAE Powertrains, Fuels and Lubricants International Meeting held
in Kyoto, Japan.
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8.1 Introduction
Downsizing and down-speeding are the enablers for passenger car SI engines to reduce fuel
consumption and CO2 emissions. These reductions are mainly achieved by reduced pumping
loss, improved gas heat transfer and better friction condition at part-load operation. The
rated power and torque are conventionally recovered by means of turbocharging. However,
the low-end torque performance and transient response of such engines is affected by the
static and dynamic characteristics of the turbo-machinery [194]. A supercharger system
which boosts the engine via a direct drive from the engine crankshaft has been identified as
a possible solution to address the aforementioned issues for a conventional turbocharged SI
engine. The potential of a fixed-ratio positive-displacement supercharger on a passenger car
SI engine has been investigated by a number of researchers [7, 149-150]. For production
engines, Volkswagen has already successfully implemented such a technology into its twincharged 1.4 litre gasoline TSI engine. Pairing of a positive-displacement supercharger with a
turbocharger is also adopted by Volvo in its new 2.0 litre four-cylinder T6 engine. However,
the difficulties in the boost pressure control, the necessity of a clutch, cost, packaging and
NVH issues are identified as the major challenges facing fixed-ratio positive-displacement
supercharged SI engines.

This chapter will, for the first time, propose a CVT driven centrifugal supercharger for a Ford
1.0 litre EcoBoost engine using the Torotrak V-Charge system. The performance of this
system will be compared to an alternative boosting solution, which was equipped with a
fixed-ratio positive-displacement supercharger. The results comprise three parts: full-load
performance; part load fuel consumption; and transient response. In addition, the benefits
of adopting a novel compressor have also been investigated and discussed.

8.2 Simulation Methodology
BASELINE ENGINE:
The type of engine used in this work is a Ford 1.0 litre EcoBoost engine [195] featuring a fixedgeometry turbocharger.
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FIXED-RATIO POSITIVE DISPLACEMENT SYSTEM:
An alternative boosting solution was modelled around the baseline engine system by adding
a fixed-ratio positive-displacement supercharger (see Figure 8.1) at the low-pressure stage.
The enhanced torque and power curve can be seen in Figure 8.2. In order to provide superior
transient response whilst maintaining the same part-load fuel consumption, a combination
of a high drive ratio and a clutch was implemented.

TOROTRAK V-CHARGE SYSTEM:
The Torotrak V-Charge system is comprised of a pulley step-up gear, a CVT mechanism and
an epicyclic gear as indicated in Figure 8.3 and Figure 8.4. For this simulation work, the stepup ratio and epicyclic ratio were initially selected to be 3 and 12.67, respectively. The
Torotrak CVT ratio has the capability to vary from 0.281 to 2.82, with CVT ratio range being
10. The corresponding mechanical losses on the CVT and epicyclic mechanism have been
tested and incorporated into the look-up efficiency maps in GT-Power. The corresponding
inertia data was also imported in order to simulate the transient performance of the system.

With the consideration of surge elimination at low engine speed and the requirement of
sufficient pressure ratio margin for transient performance, a conventional centrifugal
compressor has been selected for use in the Torotrak V-Charge system. In addition, a
TurboSuper configuration has been initially determined to use in the following simulations
considering the fact that the TurboSuper and SuperTurbo configurations have a similar
performance output in terms of full load, part load and transient response (the TurboSuper
layout is shown in Figure 8.5).

CONTROL STRATEGY:
For the fixed-ratio positive-displacement supercharger model, the supercharger is engaged
below 2000RPM full load and disengaged by a clutch at higher engine speed, to avoid overspeeding (the engine performance can be seen in Figure 8.2). In order to provide sufficient
over-boost during the transient, the supercharger is doing significantly less work compared
to the turbocharger at steady-state full-load condition by using an active supercharger bypass
to control the target torque performance (the wastegate is fully closed). Thus, a large amount
of intake mass air flow is recirculated back into the compressor intake, resulting in higher
supercharger inlet temperature. At part load, such as 2bar BMEP, the clutch is most likely to
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be disengaged or the corresponding BSFC is significantly high. Figure 8.6 shows the BSFC
performance comparison between clutched and declutched model at 2bar BMEP.

For the Torotrak V-Charge model, by adopting the proposed CVT a clutch might not be
needed at higher engine speed, due to the capability for the supercharger to down-speed
and be passively bypassed. Also, via controlling the CVT ratio, the exact required mass flow
rate could be delivered by the supercharger; thus, the associated mechanical and flow losses
due to the recirculation of the mass flow will be eliminated. This is also beneficial for reducing
the inlet temperature of the supercharger, resulting in higher compressor corrected speed.
In addition, as the ratio between the crankshaft and the supercharger is variable, the CVT
driven supercharger is able to provide additional over-boost capacity during the transient.

It might be noted that for the Torotrak V-Charge configuration, the active bypass valve, which
is a necessity in the fixed-ratio positive-displacement supercharger model, can be replaced
by a passive valve, due to the elimination of the recirculated mass flow around the
supercharger. This will have some benefits from the perspective of control complexity and
cost.

MATCHING, COST AND PACKAGE:
In many respects, a positive displacement supercharger may be a more easily integrated
device than a centrifugal counterpart. It is a lower speed machine and can therefore have a
belt-drive system to the crankshaft; it also has air consumption characteristics very similar to
a typical internal combustion engine. However, positive displacement superchargers are
usually more expensive and difficult to package.

Centrifugal superchargers are generally more efficient, smaller and lighter than their
positive-displacement counterparts. The drawback is that boost increases with the square of
the rotational speed, resulting in a low boost at low engine speeds. However, it has been
suggested that a centrifugal supercharger can be driven through a variable transmission to
allow the boost to be optimised throughout the entire engine speed range [123, 163]. In
order to provide sufficient boost, centrifugal superchargers usually need to be driven by
some step-up devices, which will inevitably incur some mechanical loss.
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SIMULATION METHODS:
In order to assess the performance of the alternative boosting solutions, a validated full-load
GT-Power model was used as a starting point. An SI Wiebe combustion model was used and
the corresponding valve timing was calibrated at full-load condition.

A transient model was modified around the full-load model with the combustion model and
valve timing kept fixed. Although it was very simplistic, it actually made very little difference
on most of the transients where the engine’s transient response was dominated by the
dynamic behaviour of the turbocharger and supercharger. It might be noted that the
combustion model can also have a significant effect on a transient response, but as both
configurations were modelled from the full-load model, the combustion effect could be
ignored.

In this work, the transient response simulation was carried out with a standard procedure
whereby the model was run at each speed for five seconds at a load of 2bar BMEP for
stabilisation, prior to a step-load demand input to full load. The full load was then held to the
end of the simulation. The time-to-torque in this work was taken for the engine torque to
increase to 90% of the target full load (T90).

8.3 Simulation Results
The results are presented in three sections, discussing first the system behaviour of the fullload operation, then that of the part-load region, and finally that of the transient
performance. It should be noted that the Torotrak V-charge system discussed below is not
equipped with a clutch, unless specifically mentioned.

Full-load Performance:
For the fixed-ratio positive-displacement model, the supercharger bypass was used to control
the target torque performance, while for the V-Charge system the bypass control can be
eliminated and the exact mass flow rate, which is solely controlled by the optimised CVT
ratio, can be supplied by the supercharger, resulting in reduced mechanical and flow losses.

It can be seen from Figure 8.7 that BSFC of the Torotrak V-Charge system was improved by
approximately 1% at full load when compared to the fixed-ratio positive-displacement
supercharger. Despite the V-Charge system having higher mechanical losses with its
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integrated CVT, it can eliminate the recirculated mass flow around the supercharger,
resulting in lower power consumption than the positive-displacement supercharger system.

In addition, only engine speeds from 1100RPM to 1750RPM were simulated, as at 2000RPM
or above, the turbocharger alone could supply sufficient boost pressure. At high engine
speed, the V-Charge system down-speeding feature only suffers a minor reduction of fullload fuel consumption compared with its de-clutched fixed-ratio positive-displacement
counterpart. It was demonstrated in the simulation that only approximately 0.2% of the
engine power was used to overcome the transmission losses if a bypass valve was used.

Low-load Performance:
The Torotrak V-Charge system low load performance was compared with the de-clutched
and clutched positive displacement systems in this section. Twenty engine operating points
across 2 to 8bar BMEP, engine speed from 1100RPM to 2000RPM were simulated. For
simplicity, only 2bar BMEP fuel consumptions are shown here.

Figure 8.8 shows the low-load BSFC performance between positive-displacement declutched, positive-displacement clutched and Torotrak V-Charge models. It can be seen that
the fuel consumption of the Torotrak system only increased by approximately 2% compared
to the fixed-ratio positive-displacement supercharger de-clutched configuration. The VCharge system can achieve this due to its capability to down-speed, resulting in reduced
mechanical and flow losses. This indicates that a clutch might not be necessary in the
Torotrak system, which will bring some benefit in transient and NVH performance. It should
be noted that if a clutch was used in the Torotrak system, the low-load BSFC performance
would be the same as in the positive displacement supercharger de-clutched configuration.

Transient Performance:
In order to investigate the theoretically best time-to-torque performance and the maximum
capacity of the boosting systems, the wastegate control was removed from both the fixedratio positive-displacement configuration and the Torotrak engine model. For the engine
equipped with a positive-displacement supercharger, the clutch engagement time for the
supercharger was 500ms, to prevent excessive inertial loading. For the Torotrak V-charge
system, the CVT ratio was linearly varied from 0.281 to 2.82 within 360ms.
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A limit variator reaction torque (sum of input and output CVT torques) arises as a result of
minimising the size of the V-Charge system. Hence the transient control strategy is optimised
to avoid violating this limit.

In the simulation, it is seen that the variator reaction torque was exceeded at 1500RPM and
2000RPM (see Figure 8.10 for example) for the given CVT change ratio. Thus, some strategies
should be adopted to reduce the maximum reaction torque while maintaining a similar timeto-torque performance. In the following, the control strategy to keep the reaction torque
within the prescribed limit is presented first. After that, the transient response comparison
is conducted between the fixed-ratio positive-displacement and the optimised Torotrak
system.

It is considered that if the variator reaction torque is only exceeded during the time when
the CVT is accelerating, the CVT change rate should be reduced at the point when the
reaction torque is reaching the limit. However, if the reaction torque is exceeded after the
CVT acceleration time and before T90, then the CVT largest ratio needs to be reduced. This
strategy will affect the transient response, but if the change is minor the final engine behavior
is almost imperceptible, which is beneficial to facilitate a smaller CVT package. For simplicity,
only the control strategy at 1500RPM is shown in Figure 8.9. Compared with the nonoptimised condition in which the variator reaction torque was exceeded, the optimised
strategy reduced the CVT change rate at the point when the reaction torque was reaching
the limit. By doing that, the variator reaction torque was limited, and there will be two torque
extremes during the CVT acceleration (see Figure 8.10). It should be noted here that the CVT
ratio was only varied linearly for both the first part of the CVT acceleration and the second
part of the CVT acceleration, where the CVT change rate was reduced. By further optimising
the CVT change rate and allowing non-linear change curve, the line between the two torque
extremes could be flat.

Figure 8.11 shows the transient engine torque response at 1500RPM for both the nonoptimised and optimised strategies. It can be seen that there is only a very limited decline in
terms of T90 for the optimised strategy. The optimised strategy, however, is beneficial for
the smoothness of the transient response during the second part of the transient.
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In the following, the transient response comparison is conducted between the fixed-ratio
positive-displacement configuration and the optimised Torotrak system. Figure 8.12-8.14
shows the transient response under the engine speed from 1100RPM to 2000RPM. The
dashed line represents the T90 (time-to-torque) target and the solid line represents the fullload torque target. It can be seen that the Torotrak V-Charge system has a better transient
response at 1500 and 2000RPM, while maintaining a similar transient performance at
1100RPM. This is mainly due to the characteristics of the centrifugal compressor, the boost
of which increases with the square of the rotational speed, resulting in a lower boost at low
engine speeds.

In addition, it can be seen that the Torotrak V-Charge system is able to produce larger brake
torque than the fixed-ratio positive-displacement system. This is potentially beneficial to
improve the low-end torque if the supply of the sufficient air mass flow is the main issue
rather than the restriction of engine knock and Pmax. This will be verified in the later
experimental test.

8.4 Simulation Discussions
The trade-off between the part load BSFC and transient performance:
There are three trade-offs: clutched and de-clutched; high and low drive ratio; and sporty
and economic mode. The latter two trade-offs only occur when the clutch is not used. In the
following section, first the clutched and de-clutched trade-off will be discussed, followed by
the optimisation of the drive ratio and the trade-off between the sporty and economic mode.

It was demonstrated that the Torotrak V-Charge system suffers a minor decline of part-load
BSFC if a clutch is not utilised. However, such a configuration is beneficial for the transient
performance in terms of the time-to-torque response and NVH issues. Thus, the adoption of
a clutch will determine the trade-off between the part-load BSFC and transient performance.
A Torotrak configuration with a clutch will have better part-load and full-load (>=2000RPM)
BSFC, and a Torotrak configuration without a clutch benefits from quicker and smoother
transient response.

The second trade-off occurs around the optimisation of the drive ratio, which includes stepup ratio and epicyclic ratio when a clutch is not used. The larger the multiple value of the
step-up ratio and epicyclic ratio, the higher the parasitic losses that will incur at part load.
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However, a larger drive ratio will have higher supercharger pressure ratio during the
transient, which will also be beneficial to accelerate the turbocharger, resulting in improved
transient performance.

As the boost supplied by the centrifugal supercharger is controllable, different strategies
could be used to satisfy the needs of sport and economy. For the sporty mode, in which the
transient performance is of higher priority, the CVT mechanism could be engaged at higher
ratio at part load. This will reduce the time for the CVT mechanism to sweep from the lowest
ratio to the highest ratio during the transient. For the economic mode, in which fuel efficiency
is of higher priority, CVT is always engaged at its lowest ratio at part load, in order to reduce
the corresponding mechanical and flow losses. In this chapter, all the simulation results were
based on economy mode.

Novel compressor simulation:
It is known that CVT and epicyclic efficiency are strongly related to the associated input
speed. Any methods which could reduce the input speed while maintaining or exceeding the
demonstrated full-load and transient response performance are beneficial for the reduction
of associated parasitic losses at part load. In the following, a novel compressor supplied by
Honeywell is simulated using the same assumptions and settings as in the conventional
centrifugal compressor shown above. The proposed novel compressor is a compressor which
can provide the same pressure ratio at lower rotational speed. The drawback of such a
compressor is its lower maximum PR.

Figure 8.15 shows that the engine model equipped with the novel compressor has the lowest
BSFC at full load. This is partly due to the higher isentropic efficiency of the compressor and
is partly attributable to the reduced mechanical losses resulting from the reduced
transmission speed.

For low-load operation, theoretically, the proposed novel compressor engine model will have
a poorer BSFC performance than the conventional compressor system. This is due to the fact
that for both configurations the transmission speed is the same (engaged at the lowest CVT
ratio), thus the transmission losses are very similar. The supercharger power is increased for
the novel compressor configuration when the corresponding PR is larger at the fixed
rotational speed. Figure 8.16 shows the part-load BSFC comparison between fixed-ratio
208

positive-displacement compressor, conventional compressor and the novel compressor at
part load.

However, it is considered that the transient response time of the novel compressor
configuration is not as sensitive as that of the conventional compressor if the drive ratio is
reduced. This is mainly due to the fact that only a smaller portion of the CVT range is utilised
for the novel compressor configuration, considering its maximum speed limit. Thus, the stepup or the epicyclic ratio could be optimised for the novel compressor configuration in order
to reduce the corresponding parasitic losses at part load, while still maintaining a similar
transient performance.

In the transient simulation, for the novel compressor, the largest CVT ratio was controlled to
maintain the maximum compressor speed around its physical limit. For this specific
simulation, the CVT mechanism cannot attain its physically largest ratio, thus some of the
transient potential cannot be achieved. To be more specific, at 2000RPM and 1500RPM, the
largest CVT ratio can only be 1.5 and 2.0, respectively.

Figure 8.17 - 8.19 show the transient response comparisons between the fixed-ratio positivedisplacement configuration, the Torotrak V-charge system with a conventional compressor
and the Torotrak V-charge system with a novel compressor (also see Table 8.1 for the timeto-torque response). It can be seen that the novel compressor configuration has a similar
transient response compared with the conventional compressor configuration at 1500RPM
and 2000RPM, and exceeds the transient performance at 1100RPM when compared to the
conventional compressor configuration.
Table 8.1. Transient time-to-torque (T90) performance for three different configurations
Engine Speed
Configuration

1100RPM 1500RPM 2000RPM

Fixed-Ratio Positive-Displacement System

1.24s

1.39s

0.93s

Torotrak V-Charge – Conventional Compressor 1.05s

0.77s

0.69s

Torotrak V-Charge – Novel Compressor

0.80s

0.59s

0.73s
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8.5 Experimental set-up
It is usually the case that the computational simulation results may not accurately reflect the
real test performance. In order to investigate the benefits that the V-Charge system could
actually obtain, a test rig has been built. In addition, the simulation tool will also be utilised
to predict or analyse the results that would be impossible or difficult to test in a rig.

The test was carried out in an engine test cell at the University of Bath (see Figure 8.20). The
schematic of the engine system and the measure locations can be seen in Figure 8.21. In the
facility, the ECU calibration software ATI Vision communicated with the host system CP Cadet
via an ASAP3 link. ATI Vision also communicated with the ECU via a CAD Calibration Protocol
(CCP), and selected channels could be transferred to CP Cadet for ease of recording and
monitoring.

The experiments were conducted on a Ford 1.0 L, three-cylinder, gasoline turbocharged
direct injection (GTDI) engine with variable intake and exhaust-valve timing system [195].
The Torotrak V-Charge system, which comprises a pulley step-up gear, a CVT mechanism and
an epicyclic gear as shown in Figure 8.4, was directly connected to the engine crankshaft with
a sprag clutch. A check valve (seen in Figure 8.22) was mounted around the V-Charge
compressor to act as a passive bypass valve, in order to bypass the compressor when the VCharge compressor is not able to provide the required mass flow rate.

In order to have a wide operating range and precise control of the engine boundary
conditions, the cooling circuit for the engine coolant and oil were replaced with an external
water-to-coolant heat exchanger. In addition, an aftercooler was replaced by a water-to-air
heat exchanger. Therefore, the temperatures of the engine coolant, oil and engine intake air
could be controlled by varying the water flow rate in each heat exchanger. In this test, before
logging the test data, the engine coolant, oil and aftercooler temperatures were kept around
90 degC, 100 degC and 45 degC, respectively.

8.6 Experimental Procedure
The engine testing was split into two main sections, with the aim to understanding how the
V-Charge may best influence the engine performance and fuel economy, and to build a
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robust control strategy using the steady-state testing data. The first section is to study the
conventional two-stage compound charging configuration with a passive bypass valve across
the supercharger compressor. The second section is to investigate the ‘wind-milling’ effect
of the V-Charge compressor. This is when the inlet pressure of the V-Charge compressor is
above the outlet and the energy reclaimed across the compressor offsets some of the
parasitic transmission losses [196]. It might be worth noting that although the ‘wind-milling’
effect has the potential to mitigate the parasitic losses it is, at the moment, difficult to
quantify its role on fuel economy in experiments. This is because the resolution of the fuel
sensor in the test cell might not capture the difference.

8.7 Experimental Methodology
This research will focus on the steady-state performance both in experiment and in
simulation. The transient performance will only be briefly introduced in simulation, with
further observations and optimisation presented in due course. The aim of this project is to
understand when the V-Charge technology will provide better performance than its fixedratio positive displacement counterparts. The work will focus on the low-speed region, which
is considered the most important a limiting in terms of maximum steady-state BMEP and
transient response.

Firstly, a full-load V-Charge model was validated using the measured data. The work will then
investigate the full-load performance of a fixed-ratio positive-displacement counterpart that
is also tandem with the fixed-geometry turbocharger. A trade-off between part-load fuel
efficiency and transient response was then studied, with the aim of identifying optimisation
development in the future. Finally, the partial- and low-load performance were compared.

Steady-state engine model calibration:
The combustion behaviour of the engine model was firstly calibrated using the fast response
pressure data from the test. After that, the valve timing, valve lash, valve discharge
coefficients and pressure drop in the intake and exhaust manifold were modified to match
the mass air flow. The turbocharger performance was then calibrated using the measured
turbocharger speed by modifying the mass and efficiency multiplier. Finally, the supercharger
with its tested transmission efficiency was added and the brake torque was compared and
calibrated.
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Note that the transmission efficiency for the V-Charge system comprises three parts: pulley
efficiency; CVT efficiency; and epicyclic efficiency. Also, the power ratio, as defined in the
literature [59], was used to estimate the transmission losses occurring between the
crankshaft and the fixed-ratio positive-displacement supercharger (see Figure 8.23). The
transmission efficiency of the V-Charge system was tested and imported in the simulation
model. The power ratio (combining the pulley efficiency and the supercharger mechanical
efficiency) of the positive-displacement device was assumed to be 70% considering the
average operating points of the supercharger within its map at full load, and 50% if the PR of
the compressor is near 1.

For both boosting systems, the wastegate was fully closed and the torque target was only
controlled by altering the boost pressure of the supercharger system, unless a turbocharger
surge was detected. The V-Charge device modulates the boost pressure via controlling the
CVT ratio; thus, the exact boost can be provided by the V-Charge system. The control
parameter for the fixed-ratio positive-displacement is the active bypass across the
supercharger, which recirculates some of the intake mass flow back to the supercharger inlet,
as can be seen in Figure 8.24.

Two drive ratios for both configurations were used to study the trade-off between the
steady-state fuel efficiency and transient response. The drive ratio for both the V-Charge and
the positive-displacement counterpart refer to the pulley ratio, as it is the most easily
manufactured component.

Transient Response Simulation:
A transient model was modified around the full-load model with the valve timing kept fixed.
Although it was very simplistic, it actually made very little difference on most of the
transients, where the engine’s transient response was dominated by the dynamic behaviour
of the turbocharger and supercharger. To prove it, an engine measured transient
performance was compared with an engine simulation transient result (see Figure 8.25 and
Figure 8.26). It can be seen that both the engine torque and turbocharger speed are
predicting well, considering the combustion phasing, valve timing are kept fixed.

In this work, the transient response simulation was carried out with a standard procedure
whereby the model was run at each speed for five seconds at a load of 2bar BMEP for
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stabilisation, prior to a step-load demand input to full load. The full load was then held to the
end of the simulation. The time-to-torque in this work was taken for the engine torque to
increase to 90% of the target full load (T90). In order to investigate the theoretically best
time-to-torque performance and the maximum capacity of the boosting systems, the
wastegate control was removed from both the fixed-ratio positive displacement and the
Torotrak engine model.

8.8 Experimental Results
According to the target torque, engine speeds from 1000RPM to 2000RPM were tested and
simulated. Note that most of the V-Charge configurations were tested and validated in the
simulation, while all of the fixed-ratio positive-displacement solutions were only simulated.
However, as the baseline engine was working at a similar boundary condition, the simulation
results of the positive-displacement configuration should still be valid.

In this work, both supercharger systems assessed are mainly utilised to improve the transient
performance rather than largely enhancing the low-end torque, so, even at full load, the
power consumed for driving the supercharger compressor is relatively low. The turbocharger
can provide the full load target from 1400RPM; thus, the main function of the supercharger
is to augment the torque from 1000RPM to 1400RPM and improve the transient response.

Small pulley ratio:
At 1000RPM, the highest torque achieved in the test was approximately 130Nm, due to the
turbocharger compressor surge, although there was still some potential for the supercharger
to boost more. A detailed engine model validation was performed then in order to predict
the engine performance if a fixed-ratio positive-displacement counterpart was installed.

Because there was some intake mass flow recirculating through the bypass valve, causing
some mechanical and flow losses for the positive-displacement system, it had approximately
0.3% worse fuel consumption. At the engine operating point of 1250RPM and 167Nm, a
different situation was observed with approximately 1% fuel consumption benefit for the
positive-displacement configuration. This is mainly because the transmission losses of the VCharge system were larger.
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However, it should be noted that the recirculation of the intake mass air flow might cause
the turbocharger compressor to surge, which means that the engine could not achieve the
torque that would be reached by the V-Charge system.

Large pulley ratio:
For the V-Charge system, a large pulley ratio, which is 3.3, is available considering the
geometry of system configuration. Similarly, the Eaton rival could also be installed with a
large pulley ratio, which is 7.3. Due to the CVT capability to alter the total drive ratio, the fullload BSFC performance should be very similar to that achieved with the small pulley ratio.
However, for the fixed-ratio positive-displacement counterpart, a larger flow and mechanical
losses will occur, which will degrade the fuel efficiency.

The simulation results suggested that at 1000RPM the V-Charge system will gain advantage
by 3% fuel consumption benefit, and at 1250RPM it will have a 0.5% fuel consumption benefit
over the fixed-ratio positive-displacement counterpart.

Partial load simulation (just boosted condition):
Small pulley ratio:
At just-boosted engine operating points, the positive-displacement configuration still needs
to be engaged at a fixed-drive ratio and regulated by the active bypass valve, while the VCharge system could provide the right amount of boost capable of eliminating the
transmission and flow losses that occurred for the fixed-ratio positive-displacement
configuration. Thus, the V-Charge should have some fuel efficiency benefit. In addition, as
the compressor of the positive-displacement configuration has to be transiently engaged
during the period when the boost request is from no boost to just-boosted condition, some
NVH issues will occur. However, the compressor of the V-Charge system, due to its capability
to be constantly engaged even at the low load, will have much mitigated NVH issues.

The results show that there was approximately 8.6% fuel consumption benefit for the VCharge system at 1000RPM, whilst at 1250RPM the fixed-ratio positive-displacement has a
similar fuel consumption with the V-Charge system. This is mainly due to the fact that at
1250RPM the flow losses for the positive-displacement configuration were similar to the
transmission loss for the V-Charge system.
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Large pulley ratio:
As discussed above, only the BSFC performance of the positive-displacement configuration
will be different if a large pulley ratio was mounted. The simulation results suggested that at
1000RPM as much as approximately 17.5% fuel consumption benefit could be achieved by
the V-Charge system. In addition, at 1250RPM the V-Charge system will have a 2.9% fuel
consumption benefit.

Low load performance (within the NA):
Small pulley ratio:
As mentioned in the work [132], the compressor of a fixed-ratio positive-displacement
configuration usually needs to be disengaged at low load, especially if a large drive ratio is
installed. However, the V-Charge system could trade some fuel efficiency at low load for
better transient behaviour by constantly connecting the compressor to the engine crankshaft
with its minimum ratio.

It is known that when the engine mass air flow is lower than that being supplied by the VCharge compressor for the same inlet condition, then the V-Charge compressor will be above
1 and the passive bypass valve closed. However, when the engine mass air flow is larger than
that being supplied by the V-Charge for the same inlet condition, then the PR of the
compressor will be around 1 and the bypass path will share some of the mass air flow.

According to the test data, even at a low engine load (thus, low engine mass air flow) with
the minimum CVT ratio, the V-Charge compressor PR were all around 1, indicating that there
was a bypass flow. For changing engine load (in the throttled region) at the same engine
speed, given that the PR and the speed of the V-Charge compressor are normally the same,
the parasitic losses of the V-Charge should be around the same.

As there was no mass air flow sensor mounted in the supercharger path, the power
consumed will be calculated in the validated simulation in this work. The simulation showed
that at 1000RPM only approximately 60W was wasted to constantly connect the
supercharger compressor to the crankshaft, the ratio of the consumed power to the engine
power being around 1-2% at the frequently-used low-load area. At higher engine speed, a
similar situation was observed.
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In order to reduce these parasitic losses, a novel approach was proposed that just takes the
bypass valve out of the system. This so called ‘wind milling’ effect will force the PR of the
supercharger to be below 1 at low loads, resulting in the energy flow to be reversed, in order
to offset some of the parasitic transmission losses. Due to the low resolution of the fuel
sensor in the test and the lack of compressor model theory when the PR is below 1, the
parasitic losses in this work were only estimated. It is considered that the smallest parasitic
losses (only pulley friction loss) will occur when the reclaimed energy is reversed from the
supercharger to the sprag clutch and lets the measured CVT input speed above be calculated.

However, if the V-Charge control calibration is considered, the use of a passive bypass valve
will be beneficial. This is mainly due to the fact that, at low load within the throttled region,
the configuration with a bypass can constantly keep the CVT ratio at its minimum, while for
the system without a bypass valve, the CVT ratio might need to be tuned to supply the
required mass air flow (the parasitic losses will also be increased along with the durability of
the CVT).

Large pulley ratio:
A large pulley will increase the compressor speed, but according to the test results, the PRs
of the supercharger compressor were still around 1. This indicates that the parasitic losses
will still be low, and the simulation results suggested that the ratio of the consumed power
to drive the supercharger to the engine power were still within 2% in the frequently-used
low-load area.

Transient Performance at 1000RPM:
From Figure 8.27, it can be seen that at 1000RPM the V-Charge system has a transient
performance similar to the positive-displacement counterpart if the pulley ratios were to be
2.4 and 5.8, respectively. If a large pulley ratio is adopted, the V-Charge system will have
better time-to-torque performance, while the positive displacement counterpart has a larger
boost capacity.

The drawback of centrifugal compressors lies in the fact that the supplied boost increases
with the square of the rotational speed, resulting in a low boost at low engine speeds.
However, by using the variable drive system (as in this work) the challenges could be
addressed.
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8.9 Experimental Discussion
Engine torque enhancement at low engine speed
As aforementioned, the V-Charge engine still has some capacity to enhance the engine
torque if the turbocharger compressor surge issue is mitigated. In the following simulation,
the CVT of the V-Charge system was set to maximum, while the turbine wastegate was
utilised to maintain the torque requirement. It should be noted that the engine torque target
was not increased here, because at higher engine torque the combustion situation might
differ.

Comparing Figure 8.28 and Figure 8.29 with Figure 4.8 and Figure 4.9, it can be seen that by
boosting the supercharger harder, the turbocharger surge margin increases, indicating the
potential to enhance the engine’s specific power.

The trade-off between part-load BSFC performance and transient response
From the discussion above, it is clear to see that there is a trade-off between the part-load
BSFC performance and the transient response.

For a positive-displacement device, a larger pulley ratio will enhance the engine’s transient
response while compromising some of the partial-load BSFC, especially at just-boosted
condition. In addition, a larger pulley ratio could also make the compressor over-speed at
lower engine speeds, thus affecting the driveability consistency at high engine speeds.

For a variable drive centrifugal supercharger system, the choice of the drive ratio is also
important. A larger drive ratio will, like the positive-displacement counterpart above,
improve the time-to-torque transient response. However, this will also degrade the part-load
fuel efficiency. It might also be noted that if the drive ratio was chosen to be too high, the
‘wind-milling’ might not be working at all.

8.10 Chapter summary and conclusions
This chapter details a simulation and experimental investigation to look at alternative
boosting systems applied to a Ford 1L EcoBoost engine, in order to achieve an enhanced
target torque curve. The objective was to assess the performance of a centrifugal-type
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supercharger system driven via a Torotrak V-Charge system against a fixed-ratio positivedisplacement supercharger solution. The following summary and conclusions are drawn from
the simulation study in this chapter:

1: The V-Charge system comprises a step-up pulley, a CVT, an epicylic assembly and a
compressor (conventional centrifugal or novel compressor). It was initially decided to adopt
the TurboSuper configuration in the simulation, considering the similar output results for
both TurboSuper and SuperTurbo configurations.

2: The results show that BSFC was improved by approximately 1% at full load, due to its
capability to eliminate the use of supercharger bypass, resulting in reduced mechanical and
flow losses. The BSFC performance could be improved further by another 1% if a novel
compressor was used, which is mainly attributed to the reduced transmission losses and
increased compressor isentropic efficiency.

3: Under part load, both clutched and non-clutched configurations were assessed and
discussed. It was demonstrated that a clutch might not necessarily be needed for the
Torotrak V-Charge system, and only a minor decline of the part-load BSFC performance was
observed if a clutch was not used. For the novel compressor configuration, if the drive ratio
was retained, part-load BSFC of the novel compressor configuration would have slightly
degraded BSFC performance in comparison with the conventional compressor configuration,
due to the higher PR at fixed compressor rotational speed. However, it was considered that
the drive ratio could be reduced for the novel compressor configuration to improve the partload BSFC performance while still maintaining a similar transient response.

4: In transient, the simulated results suggest that the Torotrak V-Charge system with a
conventional compressor could provide better transient response when compared to the
fixed-ratio positive-displacement supercharger drive counterpart. The novel compressor
configuration can provide even better transient performance at low engine speed, while
maintaining a similar performance response at high engine speed.

The following summary and conclusions are drawn from the experimental study in this
chapter:
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1: Two alternative supercharger systems - a variable drive centrifugal device and a fixed ratio
positive displacement unit - have been applied to a turbocharged GTDI engine, in order to
improve the transient response and low-end torque.

2: At steady-state partial-load engine operating points, the fixed-ratio positive-displacement
system characterises a larger recirculated flow loss, while the Torotrak V-Charge system
features a larger transmission loss. The total parasitic loss for each boosting system depends
on the pulley ratio adopted. In addition, for low-load operation, approximately 1-2% fuel
consumption will be used to constantly connect the V-Charge system to the crankshaft.

3: For the transient time-to-torque performance, it seems that the Torotrak V-Charge system
could match the fixed-ratio positive-displacement counterpart. However, the Torotrak VCharge system will have much fewer NVH issues than the positive-displacement counterpart
as no clutch engagement will be required during a transient event.
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Figures in Chapter 8

Figure 8.1. Positive-displacement supercharger (roots type for example)
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Figure 8.2. Engine performance for the downsized SI engine

Figure 8.3. Torotrak V-Charge system
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Figure 8.4. Torotrak V-Charge mechanism

Figure 8.5. Schematic of the proposed engine equipped with V-Charge system
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Figure 8.6. BSFC under low load for clutched and de-clutched configuration for fixed-ratio
positive-displacement supercharger configuration
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Figure 8.7. Full load BSFC performance

~10%

~2%

Figure 8.8. 2bar BMEP BSFC performance

Figure 8.9. Transient CVT ratio at 1500RPM
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Figure 8.10. Transient variator reaction torque at 1500RPM

Figure 8.11. Transient engine torque response at 1500RPM

Figure 8.12. Transient engine torque response at 1100RPM
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Figure 8.13. Transient engine torque response at 1500RPM

Figure 8.14. Transient engine torque response at 2000RPM
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Figure 8.15. Full load BSFC performance
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Figure 8.16. 2bar BMEP BSFC performance

Figure 8.17. Transient engine torque response at 1100RPM

Figure 8.18. Transient engine torque response at 1500RPM
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Figure 8.19. Transient engine torque response at 2000RPM

Figure 8.20. Test cell at University of Bath
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Figure 8.21. Measure locations

Figure 8.22. Check valve configuration
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Figure 8.23. Validation for supercharger efficiency measurements (primary axis) and plot
of the power ratio (second axis)

Figure 8.24. Schematic of the fixed-ratio positive displacement supercharger system [164]
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Figure 8.25. Measurement and simulation transient engine torque comparison
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Figure 8.26. Measurement and simulation transient turbocharger speed comparison
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Figure 8.27. Brake torque transient response at 1000RPM

Figure 8.28. Turbocharger compressor operating point
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Figure 8.29. Supercharger compressor operating point
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Chapter 9 - Conclusions

In this final chapter, the contributions, impacts and conclusions of the work presented in this
thesis are summarised. This will be followed by some suggestions and recommendations for
future work.
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9.1 Summary, contributions and impacts
In this thesis, the application of DEP and the variable-drive supercharging concept for a
downsized gasoline engine has been presented. To be more specific, the achievements in this
work will be discussed with reference to the project aim and objectives laid out in Chapter 1.


Review the novel approaches to improve the gas exchange process of downsized
turbocharged gasoline engines.

The major findings to improve the gas exchange process that emerge from this review
comprise four aspects (depending on the location where the novel technologies are
implemented): charge air pressurisation/de-pressurisation improvement; combustion
efficiency enhancement within the chamber; valve event associated development; and
exhaust system optimisation. Although the interaction between these technologies on
different aspects of the gas exchange process was found to be highly complex, the
optimisation or the combination of these technologies is anticipated to further improve a
downsized turbocharged SI engine’s performance.


Review the current methods and potential trends for mechanically supercharging a
downsized gasoline engine

After reviewing the literature, it seems that low-end torque enhancement, transient
driveability improvement and low-load parasitic-loss reduction are the three main
development directions for a supercharger system, among which the adoption of a CVT to
decouple the supercharger speed from the engine speed, compressor isentropic and
volumetric efficiency improvement and supercharger mechanism innovation seem to be the
potential trends for mechanically supercharging a passenger car engine.


Develop the simulation techniques, including the build and calibration of a 1-D engine
model, engine control construction, and in-vehicle simulation analysis.

Chapter 4 has presented a modelling and calibration theory foundation for the study in the
following chapters. It mainly includes three sub-sections: engine model introduction and
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calibration; engine control theory and tuning; and in-vehicle modelling. Each of these has
been put into practice by demonstrating a case study.


Model the conventional DEP concept to understand the benefits of dividing blowdown and displacement phase in the exhaust stroke.

The conventional DEP concept has been investigated in simulation using a validated highlydownsized 2.0 Litre SI engine model. The final results showed that the full-load BSFC and the
engine combustion stability were both improved due to the fact that the DEP concept
features a better gas exchange process and improved combustion phasing.


Apply the DEP concept to a two-stage system to try to enhance the advantages which
two-stage turbocharged engines have already obtained while offsetting the
deficiencies inevitably inherited.

This chapter, for the first time, has applied the DEP concept to a two-stage downsized SI
engine. By controlling the timing of the exhaust valves separately, to feed the exhaust mass
flow to the high-pressure turbine or the low-pressure turbine or the exhaust pipe, such a
system can achieve even better breathing characteristics and improved combustion phasing.
In addition, part-load BSFC could also be reduced by using the scavenging valve to extend the
‘duration’ of the exhaust valve (thus reducing the re-compression effect) and to achieve
internal EGR through reverse flow. However, this depends on the authorities of the
scavenging valve timing (and piston clearance) and the combustion stability (EGR tolerance).


Model the variable drive positive-displacement supercharging system in a compound
charging system

A novel turbo-expansion concept has been proposed using a Turbo-Super twin-charger 1-D
simulation model. The turbocharging system is designed to achieve the maximum utilisation
of the exhaust energy, from which the intake charge is over-boosted. After the intercooler,
the turbine-like supercharger expands the over-compressed intake charge to the required
plenum pressure and reduces its temperature whilst recovering some energy through the
connection to the crankshaft. According to the simulation results, the final BSFC was
improved by approximately 1%. This might suggest the new turbo-expansion concept is not
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suitable for this specific simulated engine model, but this novel gas exchange concept could
be used in some other engines for its own interest.

In addition, a new de-throttling concept has also been proposed utilising the CVT driven
supercharger to ‘throttle’ a Turbo-Super configuration SI engine rather than adopting a
conventional throttle valve. By recovering some throttling loss through the supercharger,
part-load fuel efficiency could be improved by up to 3%, depending on the operating points.
However, the issues of limited supercharger operating range with an existing production CVT,
condensation, fuel evaporation and worse pumping work need to be addressed before taking
the supercharger-throttling gas exchange process from concept to reality.


Simulate and test the variable-drive centrifugal supercharging system in a compound
charging system

The simulation results show that BSFC was improved by approximately 1% at full load due to
its capability to eliminate the use of supercharger bypass, resulting in reduced mechanical
and flow losses. The BSFC performance could be improved further by another 1% if a novel
compressor was used, which is mainly attributed to the reduced transmission losses and
increased compressor isentropic efficiency. Under part load, both clutched and non-clutched
configurations were assessed and discussed. It was demonstrated that a clutch might not
necessarily be needed for the Torotrak V-Charge system, and only a minor decline of the partload BSFC performance was observed if a clutch was not used. For the novel compressor
configuration, if the drive ratio was retained, part-load BSFC of the novel compressor
configuration would have slightly degraded BSFC performance when compared to the
conventional compressor configuration, due to the higher PR at fixed compressor rotational
speed. However, it was considered that the drive ratio could be reduced for the novel
compressor configuration to improve the part-load BSFC performance while still maintaining
a similar transient response. In transient, the simulated results suggest that the Torotrak VCharge system with a conventional compressor could provide better transient response
when compared to the fixed-ratio positive-displacement supercharger drive counterpart.
The novel compressor configuration can provide even better transient performance at low
engine speed while maintaining a similar performance response at high engine speed.
In experiments, at steady-state partial-load engine operating points, the fixed-ratio positivedisplacement system characterises a larger recirculated flow loss while the Torotrak V235

Charge system features a larger transmission loss. The total parasitic loss for each boosting
system depends on the pulley ratio adopted. In addition, for low-load operation,
approximately 1 - 2% fuel consumption will be used to constantly connect the V-Charge
system to the crankshaft. For the transient time-to-torque performance, it seems that the
Torotrak V-Charge system could match the fixed-ratio positive-displacement counterpart.
However, the Torotrak V-Charge system will have much fewer NVH issues than the positivedisplacement counterpart, as no clutch engagement will be required during a transient event.

9.2 Outlook
The work performed in this project has led to a number of impacts on the continuation of
this project and other projects at the University of Bath and with industrial partners.

1. Two peer-reviewed review journal papers on novel approaches to achieving turbocharging
and supercharging have received high comments from the reviewers, and will potentially
have a large impact on enriching the knowledge base in the field of internal combustion
engine boosting.

2. The DEP research could potentially be further developed for a JLR project. In addition, the
findings and discussions from modelling the concept have led to some other papers within
the University.

3. The concept of using a positive-displacement supercharger as an expander, by adopting a
variable-drive unit, has been validated and published by another JLR project [159]. The
findings of this investigation have also inspired the author to study this concept in the
following Torotrak V-Charge project, in order to eliminate the bypass valve and offset some
of the parasitic losses.

4. The recommendations for selecting the drive ratio for a compound charging system have
been suggested for the V-Charge project, considering the trade-off between the part-load
BSFC and the transient response. This could be useful for some other supercharging projects.
5. The structure of the transient control for the V-Charge engine developed in this project
can be applied to other complex two-stage compound charging systems. In addition, the invehicle simulation methodology developed in this thesis could be used in other projects
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where the consolidated point or the kinematic method cannot capture the transient
response, and cannot exhibit a real fuel economy in a driving cycle.

9.3 Further work
1. The DEP and the turbo-expansion concept can be validated further with some
experimental test. In addition, the knock model, which is used to control the combustion
phasing in those simulations, can be validated against the test data in a later research.

2. Although some experimental work has been conducted for the variable-drive
supercharging concept, some more experimental study is needed to optimize the whole
engine system. The control strategy, which is only briefly described in this work, needs to be
calibrated in the rig in the near future, in order to give an optimized performance, especially
in a transient operation.

3. The vehicle test using the variable-drive supercharging concept is being conducted at the
University of Bath, and the vehicle driveability analysis shall be investigated in comparison
with a standard vehicle fitted with a GTDI counterpart in the near future.

4. The potential additive benefit that might arise from VGTs (due to its capability to optimize
the turbocharger performance) combined with the DEP and variable drive supercharging
concept can be pursued in order to further improve the gas exchange process in a downsized
gasoline engine.
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